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Abstract
The research presented in this thesis demonstrates the theory that a mechatronic rail vehicle
could be used on conventional switches and crossings (S&Cs) to reduce wear. Railway
track switches withstand high vertical and lateral forces leading to wear and damage. This
necessitates a disproportionately high level of maintenance of over 10 % of total maintenance
costs, despite accounting for less than 0.1 % of the network length.
Mechatronically-guided rail vehicles are of paramount importance in addressing the
increasing interest in reducing wheel-rail wear across the network and improving guidance
and steering. Conventional passively-guided rail vehicles are limited by the mechanical
constraints of the suspension elements. Currently, a typical rail vehicle suspension needs to be
sufficiently stiff to stabilize the wheelsets while being complaint enough to negotiate curved
track profiles. The suspension is therefore a compromise for the contradictory requirements
of curving and stability. In mechatronic vehicles, actuators are used with the conventional
suspension components to provide pseudo stiffness or damping forces needed to optimise a
vehicle for a wide variety of scenarios, which can be positive or negative. This means that
the vehicle is not reliant on a sub-optimal combination of passive components.
Previous research in the area of mechatronic rail vehicles has shown the performance
improvement in different straight or curved track profiles compared to a conventional vehicle.
In this thesis, three vehicle configurations discussed previously in the literature, are evaluated
on several different track profiles. These are the secondary yaw control (SYC), actuated
solid-axle wheelset (ASW) and driven independently-rotating wheelsets (DIRW) steering
mechanisms. The vehicle models are implemented in a multi-body simulation software
Simpack to obtain high fidelity simulations that are comparable to a real rail vehicle. The
DIRW vehicle showed the best performance in terms of reduced wear and minimal flange
contact and was therefore chosen for studying its performance on a conventional S&C.
The DIRW vehicle was simulated on a C switch which is the most common on the UK
mainline and on a high speed H switch. The results show that the DIRW vehicle gives a
significant reduction in wear and reduces flange contact on the through and diverging routes
of both S&Cs. This proves the theory that active vehicles could be used to reduce impact
forces at conventional S&Cs. This could be an intermediate step towards a longer term vision
vi
of having a track switch without any moving parts where the switching is vehicle-based
instead of track-based.
Ultimately, if active elements on the vehicle could fully control the route while the track
switch was completely passive i.e. had no moving parts, the reliability of the railways as
a transport system would increase significantly. The technology could be combined with
electronically-coupled vehicles which could form longer trains on busier routes and decouple
to serve intermediary routes.
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Chapter 1
Introduction
1.1 Introduction
Railways as a means of transportation rely on a well-connected rail network. The development
of a rail network with multiple routes is enabled by track switches. A conventional track
switch, illustrated in Figure 1.1 consists of two stock rails that are securely fixed and two
switch rails that displace laterally to form the selected route for the rail vehicle. The
arrangement is called a switch and crossing (S&C), also known as a point or a turnout
and consists of a through route and a diverging route as shown. The guidance of a vehicle
through a track switch is a purely passive mechanical concept where the track forms a fixed
configuration depending on the intended route. In other words, the switching is purely
track-based.
Figure 1.1: Conventional track switch configuration (set to diverging route)
2 Introduction
Although track switches make up less than 0.1% of the route length on the UK rail
network, more than 10% of total maintenance costs is spent towards replacing or re-profiling
worn switches [2]. This is due to high impact forces from the wheel onto the switch rails.
Vehicle-based switching (VBS) is a concept that considers the possibility of performing the
switching function from on-board the vehicle. The possible outcomes of VBS range from
relatively modest changes in keeping with industrial reality through to a complete redesign
which harnesses the theoretical benefits of VBS. The aim of this PhD work is to show that
an actively-controlled vehicle can reduce impact forces on a conventional track switch to
increase its lifetime. The intention is to motivate a radical change of both the vehicle and
track architecture which facilitates a continuous rail network without any moving parts on all
diversionary routes. This could be combined with electronically-coupled trains to facilitate
an operational change in railways where individual vehicles could be combined on busy
routes or detached when required to optimise the throughput of the rail network.
Figure 1.2 shows the broad technology route-map. The top left corner represents the
current technology where a conventional track switch is designed for a conventional vehicle.
The ultimate long term goal is to reach the bottom right corner where a completely redesigned
vehicle performs the switching function on a new track switch infrastructure without any
moving components. This PhD study shows that a part VBS vehicle could be used on a
conventional track switch to reduce impact and resulting wear. This research is of great
topical interest due to the development of high speed lines HS1 and HS2 [3] in the UK where
track switch wear is accelerated at higher speeds. Several ongoing European projects under
the Shift2rail [4] initiative are investigating novel switch designs for conventional vehicles.
New materials capable of self-healing and lubricating rail steel and different manufacturing
techniques are being investigated with a view to reducing failures and maintenance costs [5].
Previous studies into optimal track geometry [6], rail profile [7] and track support stiffness [8]
at S%Cs have been undertaken to improve vehicle stability and reduce material degradation.
The work in this thesis addresses at the switch wear problem from the vehicle suspension
level instead of the track level.
The next phase would be to redesign track switches using the existing research on track
geometry optimisation to support a VBS vehicle. Conventional track switches have been
developed for many years to work optimally with a passive vehicle. A redesign would be
necessary to achieve the maximum potential benefits of active vehicles. The results from this
study support the theory that a purely mechanical track switching approach which is several
hundred years old could be seen in a new light where the switching is from on-board the
vehicle, in other words vehicle-based instead of track-based.
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Figure 1.2: VBS technology route map
1.2 Background and research question
Data published from the Office of Road and Rail (ORR) [9] show that track switches are the
second biggest contributor of delay minutes and consequent compensation after track faults,
costing ≈£26m per financial year. The delay minutes represent the total delay to all services
as a direct result of a track switch failure. The cost accounts for the compensation paid to the
train operators for unscheduled down-time but does not include any subsequent effect on the
economy as a result of the failure [10].
There are several reasons why track switches account for a disproportionately high cost
of maintenance and renewals. The switching mechanism requires the switch rails to mate
with the stock rails at the toe resulting in a rapid change in wheel-rail contact conditions
when the rails are changing shape. The switch rail width is also very small at the toe which
means that high impact forces are imposed on the thin switch blades. This leads to rapid
wear and degradation of support structures under the rail. High wear is also seen at crossings
where there is a discontinuity or gap in the running rail to allow the flange to pass through.
Statistical analysis of switch failure data has shown that the 75 - 80% of switch failures
are due to electrical faults in the Points Operating Equipment (POE) incurred from high
frequency excitations when a vehicle traverses a switch [11]. This failure mode will likely
not be eliminated as long as the use of POEs is continued. The development of a passive
track switch without moving parts, which is the ultimate vision for VBS, would remove the
need for POE. Amongst permanent way assets i.e. rails, sleepers, ballast and adjoining assets,
switch blades are the highest failed component accounting for over half the failures. The
two main modes of switch blade failure are plastic deformation (where the rail profile gets
deformed due to high contact stress) and wear of the rails. The results presented in this thesis
show a significant reduction in wear of the rails using active vehicles on moderate and high
speed switches.
There have been several efforts in industry and academia to reduce the impact forces at
points to increase their lifetime such as a movable crossing nose to remove the gap at the
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crossing for high speed turnouts which have a shallow divergence angle [12], which is the
angle of the diverging route. Flange bearing crossings allow wheels to ride on their flange
which are supported from underneath [13]. Optimisation of wheel transfer at high speed
crossings through changes in the check rail geometry and proper machining of the nose has
been shown to significantly reduce wear [14]. The Run2Rail project [15] is investigating
the use of unconventional materials and manufacturing methods such as 3D printing for
active rail vehicles and track switch components to increase the lifetime of running gear and
infrastructure. However the fundamental problem of a rapid change in contact points from
the stock to the switch rails still exists because the basic mechanism of track switches has
not changed.
VBS proposes a fundamental shift of the switching mechanism from track-based to
vehicle-based. This thesis shows that active vehicle could be used to reduce the wear
on current switching technology. In the future active vehicles can be used to allow for a
completely different track switch that has no moving components. As a consequence, switch
reliability would be improved as the turnout has a permanent position and does not require
locking or detection mechanisms. They would also not need to be controlled from an external
operations centre, reducing the human factor elements of track switch operation.
1.3 Scope of thesis
A conventional rail vehicle usually has a purely mechanical suspension consisting of springs
and dampers. Their performance is determined principally by the spring stiffnesses, damper
coefficients and their masses. With the introduction of active components in the suspension,
the performance depends on sensors, actuators and the controller design. VBS is heavily
reliant on active elements providing the required guidance forces to negotiate a track switch.
This means that sensing the feedback signals and providing the required actuator forces are
crucial. Another challenge is to detect and isolate faults to improve safety against failure.
From the technology route map of VBS in Figure 1.1 it can be seen that there are several
possible paths to the ultimate vision. Each stage has many research challenges that need
to be studied in order to make VBS a safe and reliable technology. The research presented
in this thesis is intended to provide an incremental solution in keeping with the challenges
of industrial reality. Active strategies, such as the Secondary Yaw Control (SYC) and the
Actuated Solid-axle Wheelset (ASW), where the actuators can be retrofitted onto conventional
vehicles are compared against a conventional vehicle as the first step. They are tested on
several different track profiles with stochastic disturbances and curves of different radii.
This is followed by studying an active steering concept involving Driven Independently-
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Rotating Wheelsets (DIRW) which requires a complete redesign of a rail vehicle. Finally, the
performance of the DIRW mechanism is compared to that of a passive vehicle on a moderate
speed switch and a high speed switch. This provides proof to the theory that active vehicles
could reduce impact forces at conventional switches, which is an intermediary solution to the
ultimate goal of having purely passive turnout.
Ideal sensing is assumed with a view that the performance benefits need to be established
before the practicalities of sensing can be considered at a later stage. In practice, the
feedback signals could be measured from non-contacting sensors or estimated from inertial
sensors mounted on the bogie. At present, New Measurement Trains used by Network
Rail have laser-based systems to record measurements of track geometry for the purpose
of rail maintenance [16]. In this study, a brief look is taken into the power consumption
of the actuation mechanism to show that the required control is achievable using readily
available actuators of reasonable power consumption. Actuator dynamics are not taken into
consideration as the aim is to quantify the benefits for an ideal scenario. A further extension
of this work could be to assess the sensing and actuation requirements of each of the schemes
in more detail, taking into account actuator dynamics. In reality, the actuator dynamics are
not likely to be a major problem because of the availability of high bandwidth actuators as is
used in test rigs for commercial vehicles to simulate road conditions. Sensing is more likely
to be a problem due to the difficulty of measuring at the wheel-rail interface which is a high
vibration environment.
1.4 Thesis outline
This thesis consists of seven chapters and can be broadly considered in two parts. The first
part describes the vehicle and controller modelling of the passive vehicle and the three active
vehicles. The active schemes are compared against the passive vehicle and relative to each
other on a variety of track profiles. The second part applies the active vehicle with the best
performance on track switches with different maximum speed restrictions to analyse its
performance against that of a conventional passive vehicle.
Chapter 2 provides detailed background on current rail vehicle topology, track switch
architecture and the conventional guidance mechanism. It explains the use of active guidance
to achieve VBS and provides a review of relevant literature on different active guidance
mechanisms and radical track switching innovations.
Chapter 3 explains the modelling of the passive vehicle and each of the active vehicles
in detail. Two sets of models are produced for each vehicle where non-linear ‘simulation’
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models are developed in Simpack and a linear ‘design’ model is developed using system
identification methods.
The linear models allow the use of frequency-based methods for designing controllers
which is discussed in chapter 4. A classical controller and a more advanced controller is
designed for each active vehicle. The controller mathematical forms and design process is
discussed in detail with a frequency domain evaluation using Nichols plots, gain and phase
margins.
Chapter 5 is concerned with the evaluation of the different active vehicles and the two
sets of controllers. It presents the results of comparing the active vehicles with a passive
vehicle and against each other on different track profiles. The track profiles contain a variety
of low and high frequency disturbances which are explained in detail.
This comparison is used to present a logical case for the choice of active vehicle and
controller used for the track switch simulations in chapter 6. The track switch simulations
include two switches with different speed curvature radii and consequently different speed
restrictions.
Chapter 7 draws conclusions on the main findings of the thesis with some suggestions for
further work.
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Figure 1.3: Thesis outline
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1.5 Thesis contributions
This thesis analyses the performance of a vehicle with an active suspension on a conventional
railway track switch. The approach here is to first establish the ideal performance benefits
rather than focusing on the practicalities of sensing and actuation.
• The initial contribution is to analyse the performance of high-fidelity models of actively-
controlled vehicles against that of a conventional vehicle on different track profiles.
Previous studies on such comparisons used simplified models whereas the models
used in this work are a better representation of a ‘real’ rail vehicle. Simpack is used
to develop models of conventional and actively-controlled vehicles, which takes into
account the non-linearities in the wheel-rail profile, contact forces and suspension
components. The performance of the active vehicles is compared to that of the
conventional vehicle and against each other to establish the vehicle that showed the
best performance.
• This vehicle is then simulated on the through and diverging routes of two track switches
with different speed restrictions to demonstrate the performance of active steering on
conventional track switches. The main contribution of this thesis is to show the per-
formance improvements of an actively controlled vehicle compared to a conventional
vehicle on moderate and high speed track switches.
The work presented in this thesis has been published in the following journal papers:
• N. Farhat, C.P. Ward, R.M. Goodall, R. Dixon, “The benefits of mechatronically-
guided railway vehicles: A multi-body physics simulation study”, IFAC Journal of
Mechatronics, Vol. 51, May 2018, pg 115-126.
• N. Farhat, C.P. Ward, R. Dixon, R.M. Goodall, “Benefits of mechatronically-guided
vehicles on railway track switches”, IMechE Part F Journal of Rail and Rapid Transit,
Accepted Aug 2018.
• P.D. Hubbard, N. Farhat, C.P. Ward, G.A. Amarantidis, “Contact force estimation in
the wheel/ rail interface for curving scenarios through regions of reduced adhesion”,
IFAC Journal of Mechatronics, Aug 2017.
Chapter 2
Developments in railway vehicle and
track switch technology
2.1 A typical rail vehicle
A conventional rail vehicle illustrated in Figure 2.1, consists of a car body, two bogies and
four wheelsets (two per bogie). The wheelsets, as shown in Figure 2.2 have a solid axle
between the wheels which have a conical tread. Each body has six degrees of freedom in
the longitudinal, lateral, vertical, roll, yaw and pitch directions. There are a two stages of
suspension in a typical passenger rail vehicle. The primary suspension consists of springs
and dampers connecting the wheelsets to the bogie. The primary suspension is usually very
stiff and deals with the guidance and stability of the vehicle along the track. The secondary
suspension connects the bogie to the vehicle body and consists of a softer set of airsprings
and dampers to isolate the high frequency track disturbances whilst following the track.
This two stage suspension therefore allows a good ride quality where the passengers don’t
experience vibrations from the track irregularities. Improving ride comfort by having a two
stage suspension is one of the main reasons for using bogies.
Bogies also reduce wheel-rail wear by reducing the yaw angle of the wheels with respect
to the track, which is also known as the angle of attack. Wheel-rail wear depends on the
angle of attack of the wheels which in turn depends on the angle between two wheelsets that
are constrained in yaw. Without bogies, this angle would be governed by the length of the
vehicle body, whereas with bogies, the angle can be reduced to get acceptable wear due to
the shorter length.
A typical rail wheel, illustrated in Figure 2.2, has a flange and a conical tread. The
conicity is a non-linear function of the lateral displacement of the wheelset, where conicity
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Figure 2.1: Components of a railway vehicle [17]
increases as the wheel-rail contact region approaches the flange. Figure 2.3 shows the
conicity changes with the wheelset lateral displacement. The conical tread of a conventional
railway wheelset provides the vehicle guidance mechanism that has been accepted best
practice for nearly two centuries. Contrary to popular belief, the flange does not provide the
majority of the guidance but is there as a safety measure to prevent derailment. Normally
the wheel-rail contact region would not approach the flanges, however it is possible in tight
curves, especially during transitions from straight to curved tracks and vice versa or due to
large lateral track irregularities.
Figure 2.2: A conventional solid-axle wheelset
2.2 Conventional guidance mechanism 11
Figure 2.3: Conicity as a function of wheelset lateral displacement
2.2 Conventional guidance mechanism
Although each body has six degrees of freedom, they can be separated into two sets which
can be considered independently. The plan view mode consists of the lateral, yaw and roll
modes while the side view mode considers the vertical, longitudinal and pitch modes. These
two modes are only very weakly coupled and are often viewed separately to reduce the
complexity of the vehicle dynamics. To understand the main forces involved in wheelset
guidance, it is essential to discuss the lateral dynamics of a wheelset. The lateral acceleration
y¨1 of the front wheelset of the front bogie of a rail vehicle can be described by the following
simplified linearised equation [18],
y¨1 =
1
m
{
−2 f22
v
(y˙1+
r0λ
l
y˙1− vψ1)− 2 f23v ψ˙1−
Wλ
l
(y1−d)+ ky(yb f − y1)+ fy(y˙b f − y˙1)
}
(2.1)
where, m is the mass of the wheelset in kg, f22 is the lateral creep coefficient in N, f23 is the
spin creep coefficient in N, v is the vehicle velocity in m/s, r0 is the nominal wheel radius in
m, λ is the equivalent wheel conicity, l is half of the gauge width in m, ψ1 is the wheelset yaw
angle in radians, W is the weight on each wheelset in N, d is the lateral track irregularities
in m, yb f is the lateral displacement of the front bogie in m, ky is the primary lateral spring
stiffness in N/m and fy is the primary lateral damping coefficient in Ns/m. In this equation,
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the conicity is assumed to be linear, although in practice significant non-linearities exist as
the wheel-rail contact moves towards the flange. This simplification is justified because the
active guidance helps to maintain minimal flange contact.
It can be deduced from the equation that the main forces contributing to the lateral
acceleration are the lateral creep force, spin creep force, gravitational stiffness and the
suspension forces. Likewise, the yaw dynamics are concerned with the longitudinal creep
force, spin creep force, inertia force due to the roll motion, yaw gravitational stiffness and
suspension forces. The wheelset yaw acceleration ψ¨1 can be described using the equation,
ψ¨1 =
1
I
{
−2 f11( lλr0 (y1−d)+
l2
v
ψ˙1)− 2 f33v ψ˙1−
Iwyvλ
lr0
y˙1+
f23
v
(y˙1+
r0λ
l
y˙1− vψ1)
+Wλ lψ1− kψψ1− fψ ψ˙1
}
(2.2)
where, I is the wheelset yaw inertia in kgm2, Iwy is the wheelset lateral inertia in kgm2, f11 is
the longitudinal creep coefficient in N, f33 is the spin creep coefficient in N, kψ is the primary
yaw spring stiffness in N/rad and fψ is the primary yaw damping coefficient in Ns/rad. Each
wheel experiences longitudinal, lateral and spin creepages. Creepage or creep forces are
generated when the wheel does not have a purely rolling motion and instead slides against
the rail. The longitudinal (εx), lateral (εy) and spin (εsp) creepages are defined by Carter [19]
as
εx =
vwx− vrx
vrx
(2.3)
εy =
vwy− vry
vry
(2.4)
εsp =
vwsp− vrsp
vrsp
(2.5)
where vwx is longitudinal velocity of the wheel in m/s, vrx is longitudinal velocity of rail at
contact point in m/s, vwy is lateral velocity of wheel in m/s, vry is lateral velocity of rail at
contact point in m/s, vwsp is angular velocity of wheel in rad/s and vrsp is angular velocity of
rail at contact point in rad/s.
Gravitational stiffness is the component of the normal force in the lateral or yaw directions
and depends on the conicity of the wheels. It provides a small self-centering force in a
conventional solid-axle wheelset. The majority of the self-centering force comes from the
creep forces.
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If a wheelset is unconstrained, the conical tread of the wheels make it marginally stable
and oscillate along the track in a sinusoidal motion known as ‘hunting’ [20], [21]. To avoid
this problem, the yaw motion of the wheelsets is constrained by a stiff suspension, stabilizing
the wheelsets but interfering with the natural curving action of the wheelset which enables
them to negotiate curved track profiles. This is a well-known problem and suspensions have
to be designed to meet the contradictory requirements of curving and stability at high speeds,
with vehicles optimised for a particular operating regime.
Although there have been a number of innovations in bogie design, many authors suggest
that passive suspensions have reached a performance limit which is determined principally
by the spring stiffnesses, damper coefficients and their masses [22]. Active control has
been suggested for some time now as an alternative way forward. The performance of an
active suspension depends on sensors, actuators and the controller design in addition to the
mechanical components.
2.3 Ideal guidance and curving
Conventional vehicles produce large unnecessary creep forces which are generated due to the
relative velocity of the wheel and the rail when the wheels ‘slip’ on the rails [23]. A certain
level of creep forces is necessary to balance the centripetal forces. However, conventional
vehicles generate large unnecessary creep forces, particularly in the longitudinal direction
due to the stiffness of the yaw suspension. These large creep forces lead to excessive wear,
of both the wheel tread and the rail head, and unwanted noise.
Mechatronically-guided vehicles consist of actuators that are used in conjunction with the
passive suspension components to provide the additional stiffness or damping forces that are
required to optimise the vehicle for a variety of track disturbances. The expectation is that
active suspensions can provide the optimal suspension forces to reduce wheel-rail wear. The
wear due to traction, braking and balancing the centripetal forces is unavoidable, however
the wear that is caused by the sub-optimal steering performance of the suspensions can be
reduced dramatically by using active suspension concepts.
Active steering could also be used to control the angle of attack to reduce the level
of creep forces produced. Currently, the angle of attack of the wheels is maintained at
acceptable values by bogies which shorten the distance between two wheelsets constrained
in yaw. Active steering would make this functionality of bogies redundant, leading to the
possibility of bogie-less vehicles which would be mechanically simpler [24]. Although
this is beyond the scope of this thesis, in the longer term active steering presents a range
of possibilities from simply retrofitting actuators to current bogies through to completely
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redesigning vehicles to remove bogies. Without a bogie, train floors could be lowered to
create more internal space in the same loading gauge to accommodate double-deck trains in
the UK.
In order to understand the different steering strategies discussed in literature, it is neces-
sary to first establish the ‘ideal’ curving scenario for a wheelset. Curved tracks are raised at
an angle from the horizontal plane which is known as cant (θc in Figure 2.4). During curving,
centripetal force cancels the component of gravitational force along the track at balancing
speed. At speeds greater than the balancing speed, the centripetal force will be larger which
means that there will be a net lateral acceleration to the outside of the curve. This creates a
cant deficiency, that is, the amount of superelevation or banking is lesser than that required
to balance the centripetal forces. There are several benefits of operating at cant deficiency. It
permits higher speed on curves as the lateral acceleration felt by passengers is reduced by
the acceleration due to gravity in the plane of the track. This reduces the need to decelerate
when entering a curve or accelerate when exiting a curve. However, at cant deficiency, the
unbalanced centripetal forces need to be balanced by lateral creep forces.
Figure 2.4: Contact forces on a curve
In the absence of cant deficiency, an unrestrained wheelset will adopt a radial position
[25]. However, high yaw stiffnesses are needed to overcome the kinematic instability of
the solid-axle wheelset. This causes wheels to lose their natural guidance, produce large
unnecessary creep forces and generate wear on wheels and rails. It follows from this that for
ideal curving, the wheelsets must be radially aligned with the curve, provided of-course that
there is no cant deficiency. In the presence of cant deficiency, which is the normal operating
condition, the angle of attack has to be sufficient to generate lateral creep forces to balance
the centripetal forces. This means that ideally, all the wheelsets should have equal lateral
creep forces or equal angles of attack. This has an important implication in terms of safety
where large lateral forces on the rail could pose a risk of derailment. If the front wheelset of
a bogie has large lateral creep force, which is the case for passive vehicles, it sets the limiting
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speed for the safe running of the vehicle. The second condition is that the longitudinal creep
forces produced by the wheelsets should ideally be zero, which is indicative of minimal
wheel slip. This means that the wheelset lateral displacement should be sufficient to give the
required difference in the rolling radii of the two wheels such that the yaw torque from the
creep forces is zero. This is usually not possible and large creep forces are generated.
2.4 Active steering strategies
The active steering strategies discussed in this section involve both solid-axle and independently-
rotating wheelsets (IRWs). IRWs produce negligible longitudinal creep forces as the wheels
are able to roll at different speeds on the same axle to reduce slip [26]. This is the reason why
the actuation requirement of an IRW mechanism is lower than that of a solid-axle wheelset.
The disadvantage is that IRWs require a guidance mechanism which needs to be provided
through a differential wheel torque [27]. This is conflicting to traction and braking control
which require that the left and right wheel longitudinal forces are balanced. For this reason,
guidance and traction are often combined for IRWs.
Active steering can be applied either directly through the primary suspension or indirectly
through the secondary suspension. The direct approach involves providing the steering
torque to a wheelset with a solid axle or independently-rotating wheels to influence the plan
view modes, mainly lateral and yaw dynamics. Some examples of this are the Actuated
Solid-axle Wheelset (ASW), Actuated Independently-Rotating Wheelset (AIRW), Driven
Independently-Rotating Wheelset (DIRW), Directly Steered Wheelset (DSW) strategies.
The ASW configuration involves applying a yaw torque directly to the wheelset, usually
using longitudinal actuators on either side of the wheelset centre, which act in opposition.
The AIRW configuration also uses the same mechanism, but with IRWs. In the DIRW
configuration, each wheel on the IRWs has its own drive-train so that they can be individually
controlled. The DSW concept, inspired by motor vehicles, involves actively steering the
independent wheels which are mounted on a carrying frame using stub-axles. Indirect control
involves applying the steering from the secondary suspension level to affect the running
dynamics of the vehicle as in the Secondary Yaw Control (SYC) configuration. The additional
moment cannot affect wheelsets individually but can compensate for the unequal lateral
forces on the front and rear wheelsets of a bogie. The indirect approach means that it has
lesser implications to the safety of the vehicle but will have relatively less impact than the
direct mechanisms on the running dynamics.
The exact mechanical configuration and a literature survey of these five different active
steering configurations is given in this section.
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2.4.1 Secondary yaw control
In the secondary yaw control (SYC) scheme an actuator is placed between the bogie and
the vehicle body as shown in Figure 2.5. The actuator is placed in the same position as a
traditional yaw damper. The control is at the secondary suspension level instead of primary
because the basic idea is to balance the lateral creep forces on the two axles of the same
bogie by applying a steering action.
Figure 2.5: Configuration for secondary yaw control
This configuration was studied by Diana et al. [28] where on a straight track, the actuator
force is proportional to the bogie/vehicle-body relative speed and opposite to it, much like
a passive yaw damper to control the problem of ‘hunting’. During curve negotiation, an
additional force has to be provided which is obtained from a look-up table based on the curve
radius, bogie yaw speed and vehicle speed. The control aims to reduce the lateral force on the
front and rear axles of the same bogie. A limitation of this approach is that there are several
look-up tables for different bogies, different friction coefficient values and wear levels, all of
which are not easily accessible parameters in practice.
The same mechanical concept was also studied by Braghin et al. [29] where the active yaw
damper was implemented in two different configurations, longitudinally and transversely. The
latter configuration gave better improvements in performance, at the cost of deteriorating ride
quality and a more radical change in the conventional bogie configuration. This configuration
could perhaps be integrated with active control of vertical modes of the vehicle to improve
ride comfort.
In a passive vehicle, if the primary yaw stiffness (PYS) is reduced, the curving perfor-
mance improves but stability is compromised. SYC can also be used [30] to overcome the
instability. The active control therefore does not improve curving, but allows the use of a soft
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PYS improving guidance whilst maintaining stability. A soft PYS has shown very significant
decrease in wear and derailment coefficient, for the track conditions studied.
2.4.2 Actuated solid-axle wheelset
An obvious strategy of implementing active steering is to apply a yaw torque directly to the
wheelset. This can be done by either using a yaw actuator on each wheelset or a pair of
longitudinal actuators working in opposition from the bogie to each axlebox to generate a
yaw torque. This configuration is illustrated in Figure 2.6.
Figure 2.6: Configuration for an actuated solid-axle wheelset
This configuration was introduced by Shen and Goodall [31] who proposed using active
traction rods incorporating actuators so that their length can be varied on curves. The
actuators are placed in series with longitudinal springs so that higher frequency oscillations
of the wheelset are stabilised by the springs and low bandwidth active control is provided by
the actuators. This is called active yaw relaxation and it allows the wheelsets to take up their
natural curving position. Simulation studies show an improved curving performance using a
very simple control strategy where the steady-state wheelset yaw moment is controlled to
zero. This minimises the longitudinal creep forces which is a condition for ideal curving.
Mei et al. [27] implemented the ASW configuration by controlling the wheelset yaw angles
directly using measurements of suspension deflections. Simulation studies have shown that
the conditions for ideal curving are achieved by applying a wheelset torque to control the
suspension forces. This has the disadvantage of requiring very accurate measurements as
the deflections are typically less than 10 mm. Three different control strategies have been
studied by Perez et al. [32] - control of the wheelset lateral position for pure rolling, control
of wheelset yaw moment for pure rolling (pure rolling implies that no yaw moments are
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transmitted from the bogie to the wheelset), control of the relative angle between wheelsets.
All three strategies are shown to give significantly better performance than the passive vehicle.
The ASW configuration has also been studied on two-axled bogie-less vehicles [33].
Lateral and yaw actuation schemes have been proposed which involve applying the control
either using a lateral force or a yaw couple produced by two longitudinal actuators. Both
schemes have similar performances, however the yaw actuation requires a lower control
force and provides better ride quality.
A physical implementation of the ASW configuration was undertaken by a Bombardier
project [34] where an integrated active control approach was used to apply a torque for both
stability and steering. Stability and steering control have different needs because wheelset
kinematic modes occur at high frequencies (2 Hz and higher), whereas steering control
torques typically have low frequencies (less than 1 Hz). A soft secondary yaw suspension
improves curving but degrades stability which is achieved using stability controllers. The
vehicle was successfully stabilised at high speeds but controller robustness degrades.
The Bombardier FLEXX Tronic WAKO technology is a practical implementation of the
ASW control strategy on a full-scale bogie [35]. It has been tested on a roller rig at speeds
up to 400 km/h and on real tracks up to 282 km/h and shown a significant reduction in wheel
and rail wear [36].
2.4.3 Actuated independently-rotating wheelset
A logical progression from the ASW configuration is to apply the same concept to indepen-
dently rotating wheels, as shown in Figure 2.7. IRWs have no solid connection between
the wheels and therefore have significantly less longitudinal creep forces than solid-axle
wheelsets. The actuation effort required for steering is consequently less [33]. However,
IRWs suffer from kinematic instability similar to a conventional wheelset, but the stability
can be provided by damper rather than a stiffness, which does not affect curving [37].
Unlike solid-axle wheelsets, IRWs need a guidance mechanism that enables the wheelset
to follow the track. In the design of active guidance strategies for independently rotating
wheelsets, a key issue is that of feedback signals. Angle of attack of the wheelsets and lateral
wheel-rail displacement seem logical choices for feedback signals. However, in practice, they
are difficult to measure as inertial sensors mounted on wheelsets are extremely undesirable
due to the severe vibration environment and consequent expense required to provide accurate
sensors in this environment. Observers have been used to estimate the signals from bogie-
based or vehicle-based sensors but their robustness drops in the presence of large parameter
variations at high speeds [34]. Two guidance strategies have been studied by Perez et al. [38].
These involve control of the lateral position of the wheelset or control of the differential
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Figure 2.7: Configuration for an actuated independently rotating wheelset
rotational speed of the wheels. In the first control strategy an observer estimates the values
of the lateral displacements of the wheelsets from speed-sensors, accelerometers and gyros.
This method uses a lot of sensors, and is hence not the preferred method. The second strategy
uses four differential rotational speed sensors. The simulation results show that the active
vehicle is able to avoid flange contact during curve negotiation. Lateral contact forces are
moderately reduced, but still higher than that required to compensate the cant deficiency.
Practical strategies for implementing guidance and steering control on IRWs have been
proposed by Mei and Goodall [27, 39]. To reduce the order of the system and model
complexity a modal approach is used to de-couple the model into independent sub-systems.
Yaw velocity of the wheelset is used as feedback for the wheelset stabilization as it offers
flexibility for active or passive implementation. The active implementation allows adequate
damping at different vehicle speeds and the passive damper gives extra safety in case of
actuator failure. For guidance control, the relative wheel speeds are used as feedback which
is readily available because they are measured for controlling wheel-slide during braking.
This is done by using an actuator to achieve zero relative speed between the two wheels,
which does not cause them to have the same angular position as in solid-axle wheelsets.
2.4.4 Driven independently-rotating wheelset
Each wheel in the bogie is independently driven by its own drive-train as illustrated in Figure
2.8. The basic concept is to maintain a difference in rotational speed of the wheels on curves
and to drive the wheels on a straight track at the same speed (assuming there are no stochastic
irregularities).
The DIRW configuration was investigated by Gretzschel et al. [40, 41] on a 1:5 scaled
two-axled bogie on a roller rig. Controlling the speed of the motors creates an electronic
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Figure 2.8: Configuration for a driven independently rotating wheelset
axle and makes the wheelsets suffer from all the problems of a solid-axle wheelset including
kinematic instability. Torque controlled motors however affect the rotational acceleration of
the wheels, which causes them to have different angular positions and therefore not behave
like solid-axle wheelsets. The motor torques are calculated using a Proportional Integral
plus Derivative (PID) controller which uses wheelset lateral displacement and yaw velocity
as feedback signals. Tests conducted on the scaled roller rig show improved curving and
stability even at speeds greater than the critical speed where hunting would be observed on a
conventional vehicle [42].
The DIRW configuration was studied on a conventional vehicle architecture with bogies
by Perez et al. [43]. The feedback for guidance/ steering is the relative speed of the wheels,
which is easily available and can be used to implement a combined strategy for traction and
steering. Supplying traction separately to each wheel of a wheelset can produce a yaw torque
which can be exploited to provide steering/ guidance control. The feedback for the traction
control is the sum of the left and right wheel motor torques. This combined control can be
used for enhancing fault tolerance which is a critical issue for actively steered vehicles. The
mechanical integration of the wheel and the traction motor has been developed by SET Ltd.
and a prototype “wheelmotor" was retrofitted to a Blackpool tram [44], [45]. Simulation
studies of the wheelmotor on a tram show high stability on a straight track with irregularities
[46]. The feedback signal used is the position of the track relative to the front of the vehicle
which is obtained from an array of inductive metal detectors. Simulation studies on trams
have also been conducted on curved tracks of varying radii [47].
Practical implementation of the DIRW concept using wheelmotors has been undertaken
on a full-scale tram by SET Ltd. The DLR Next Generation Train project is implementing
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the concept on a full-scale rail vehicle [42], [48]. They are being used on freight trains as a
first step and can achieve speeds up to 200 km/h on existing track infrastructure [49].
2.4.5 Directly steered wheelset
If wheels are mounted onto a stiff frame using stub axles as shown in Figure 2.9 such that
their pivots are joined by an active linkage, then the wheels can be directly steered by the
lateral displacement of the track rod. This is similar to rack-and-pinion steering mechanism
in automobiles where the lateral displacement of the rack steers the wheels by an angle. The
wheels rotate freely on the bearings of the stub-axles which are allowed to rotate in yaw
relative to the carrying frame. Figure 2.10 shows the overall configuration of a vehicle with
the DSW mechanism.
Figure 2.9: Plan view of the active wheelset [50]
Directly steered wheels was first studied by Wickens [51] and the feedback signal was
the displacement of the wheel with respect to a reference line fixed to the track. This
measurement is not easily accessible but in theory the model shows improved stability and
curving performance. DSW was also studied by numerical simulations and tests on a 1/10
scaled roller rig by Michitsuji and Suda [52], where the bogie is designed such that the
self-curving ability of a passive wheelset is allowed and an additional steering action is
provided on transition curves. In the experiment, the steering action is provided by a DC
motor which also provides yaw damping. The DSW configuration was studied with varied
positions of the stub axle pivots [50]. The pivots could be on the wheel axis or displaced
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Figure 2.10: Configuration for directly steered wheelset
inwards, outwards, before or after the wheels. The different positions significantly affect the
guidance and stability of the vehicle.
2.5 Control methods
A key part of implementing any active steering mechanism is the controller. A vast number
of control methods exist which can be broadly categorised into single-input single-output
(SISO) controllers and state-feedback controllers. SISO controllers can be implemented in
multiple loops if a strong coupling exists between certain states. For example, the lateral
displacements of different wheelsets, especially those on the same bogie of a railway vehicle
can interact with each other and therefore multiple loops are usually necessary to steer each
of the wheelsets [32]. State-feedback controllers allow multiple variables to be used as
feedback signals which usually provide a better performance because most systems are multi-
variable. However, measuring all the states of the system can be impractical. Because of this
reason, multi-variable controllers are only used if the performance using SISO controllers is
unsatisfactory.
The majority of controllers for active vehicles are standard SISO controllers [53], [54].
For example in the case of steering a rail vehicle, the input is an actuator force/ torque to a
wheelset and the output is the lateral displacement of the same wheelset. The effectiveness
of such controllers relies on weak coupling between unpaired inputs and outputs. If the cross
coupling is strong, then using multiple independent SISO loops may not be effective. A modal
control approach was studied by Mei and Goodall [55] to overcome the effects of strong
coupling between the vehicle lateral and yaw motions. By adding or subtracting the lateral
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acceleration equations of two wheelsets on the same bogie, it was possible to effectively
decouple the lateral mode from the yaw mode and design the controllers separately.
Multi-variable controllers usually work by optimising a cost function. The Linear
Quadratic Regulator (LQR) is a common optimal controller where the gains are calculated
by minimising a cost function [56]. The minimisation algorithm relies on state feedback
and requires a weighting to be allocated to each state and input. The LQR controller has
been applied to linear state space models of both two-axled and bogie-based vehicles [57].
Satisfactory performance was achieved with different curve radii and creep coefficients.
However, the use of an optimal controller is limited in practice due to the difficulty of
measuring all the states. H∞ control techniques allow the optimisation algorithm to be
applied to specific states instead of minimizing all the states [58]. Mei and Goodall [39]
developed a H∞ controller for active steering of IRWs on a two-axled vehicle using practical
sensors (accelerometers and gyros). The controller was shown to be robust even in the
presence of parametric variations. An assessment of optimal and SISO controllers was
undertaken on a two-axled vehicle with solid-axle wheelsets by Mei and Li [59]. A well-
tuned SISO controller was shown to give a better performance on straight tracks and high
speed curves.
The control methodology that has been adopted in this thesis is to disregard the multi-
variable nature of a rail vehicle. Multiple SISO loops that consider the different loops to be
effectively decoupled are initially designed. Classical PID controllers are used because they
are widely understood and accepted. More complex controllers are not designed because
the results obtained using classical SISO control loops meet the requirements. The use of
the classical controllers provides a benchmark improvement in performance that can be
expected when using active steering. However, modern optimal control methods such as
LQR should theoretically give a better performance. In order to determine the improvement
in performance that can be achieved with a more complex control algorithm, without the
requirement of measuring multiple states, proportional-integral-plus (PIP) controllers are
also designed. The PIP controller can be designed on the basis of a single input and a single
output signal. This is explained in more detail in Chapter 4.
2.6 Implementation status of active steering
The use of active control to improve the running dynamics of a rail vehicle has mostly been
confined to prototype testing. There are several practical limitations of implementing active
primary suspensions for guidance and steering. A key issue is that of sensors and actuators.
The appropriate sensing technology must be accurate, reliable and cost efficient which means
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that the cost of the sensors is marginal with respect to the cost of the bogies. Most active
guidance and steering strategies require the lateral displacement of the wheel with respect
to the rail or the wheelset angle of attack as feedback signals. However, measuring these
signals require sensors to be placed on the axlebox which is highly undesirable as it is a
high vibration environment. Consequently, extremely accurate/ expensive sensors will need
to be used. Therefore, bogie-based or vehicle-based inertial sensors have been used and
the required feedback signals are estimated using Kalman filters [60, 61]. More recently,
wheelset lateral displacement has been measured using non-contacting sensors or estimated
from bogie-mounted inertial sensors or a combination of both. However, estimators can cause
a reduction in the robustness of the controller [34] and in general estimates can be biased or
divergent [62]. Other strategies which use the measurement of forces or deflections in the
primary suspension have also been studied [63]. In this thesis, ideal sensing and actuation is
assumed with the idea that further work is needed to consider the practical implementation
of these active steering strategies.
Actuator technology has to be chosen carefully and must have a good response time
(to avoid bandwidth issues). Actuator dynamics can affect the robustness and stability of
controllers. Controllers have to be implemented such that they are robust in the presence of
large parameter variations or significant increase in non-linearities, and also in the presence
of dynamic uncertainty resulting from actuator dynamics. The control effort required for
active steering is usually high (in the order of kN) but the power requirement of actuators is
low in general due to low actuator velocity [39]. IRWs require far less control effort than
solid-axle wheelsets as the longitudinal creep forces are almost zero because they are not
restrained by a solid-axle.
The biggest challenge in implementing active steering is providing the required level of
safety and reliability. This involves condition monitoring and fault detection and isolation
(FDI), on which there are some published papers [64, 65]. Active primary control directly
affects ride safety and this is the principal reason they are confined to prototype testing.
Meeting required safety standards means that redundancies and condition monitoring tech-
niques have to be implemented on the vehicle which would increase its cost. The increase in
manufacturing cost must be justifiable by improved performance or significant reduction in
maintenance costs. The challenges posed by active suspensions have already been overcome
at the secondary suspension level through the adoption of tilting trains for high speed curves
[54]. In the aerospace sector, fly-by-wire concepts are widely accepted by commercial
airliners [66]. Steer-by-wire technology is receiving increasing attention in the automotive
sector and has been implemented in production vehicles such as the Infiniti Q50 [67].
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In literature, active steering has always been envisioned as an approach to improve
guidance and steering in conventional vehicles or in vehicles with IRWs. Active steering
could also be used on track switches to provide an additional steering force. This is a new
area of research which does not have any published works yet apart from those published as
a result of the work presented in this thesis. Broadly speaking, there are two possibilities.
The additional steering force could reduce some of the impact forces at S&Cs to reduce wear
and increase their lifetime. A longer term ambition, which is not explored in this thesis, is to
perform the switching mechanism entirely from on-board the vehicle to enable a redesigned
track switch where both routes are enabled at the same time. This would mean that there
would be no moving parts on track switches potentially leading to a substantial decrease
switch failures and associated maintenance costs.
2.7 Current practice at S&Cs
Track switches come in many different layouts and dimensions, however the basic mechanism
has not changed since their invention more than 200 years ago [68]. A typical S&C, illustrated
in Figure 1.1 in Chapter 1, has two stock rails, two switch rails and a crossing fastened to
wooden sleepers by bolts or clips. The sleepers are attached to a concrete slab or ballast. The
stock rails have a permanent fixed position while the ends of the switch rails can displace
laterally to close the gap between itself and the adjacent rail on one side while maintaining a
gap on the opposite side for the flange to pass through. The check rails guide the wheelsets
into the correct lateral position and constrain them. The distance between the two switch
rails is maintained by the stretcher bars between them. Points operating equipment (POE)
positions the switch rails accurately, holds them in position while a train passes and reports
their position status to the signalling system. Recently, high-performance switch systems
(HPSS) [69] have been used to measure switch blade positions accurately and immediately
identify if the safe limits of positions are breached. Although there are several types of
POEs, this ‘lock and detection’ mechanism is the fundamental working principle of all POEs.
High-speed switches have longer switch blades and require multiple actuation points. This is
because the planar nature of switches means that track cant cannot be provided to compensate
for lateral acceleration. This also results in very shallow divergence angles of high speed
switches.
The variation in rail profiles at switches gives rise to large impact forces on the rails. At
switch toes, the width of the switch rail is very small in order to facilitate a smooth transition
from stock to switch rail. The small width of the switch blade combined with the high impact
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forces it needs to endure as a result of the rapid change in contact profiles make it a weak
structure.
At crossings, wheels have to travel across the gap designed to provide flange clearance
for both the through and diverging routes. On low to moderate speed switches, the gap
is small enough that it can be traversed safely. However, the crossing nose endures high
impact forces as a result of the discontinuity in the running rail. In comparison to an arbitrary
rail head, the crossing suffers two to four times higher impact forces [70]. On high speed
turnouts, the shallow divergence angle means that the crossing gap is significantly bigger.
This necessitates a movable crossing nose which displaces laterally to close the gap so that it
forms a continuous rail in the desired route of travel [12].
Due to the high impact forces at S&Cs they need regular inspection and maintenance
during which all services using it have to be completely stopped. The inability to operate at a
lower operational capacity makes switch problems very critical to the running of railways,
especially where a wider diversionary route is not possible.
2.8 Developments in track switching technology
There has been a considerable effort in industry and academia to make the load transition from
stock rail to switch rail smoother. Optimisation studies have been undertaken in simulation
to improve the load transition to reduce the energy dissipation or wear [71]. One of the
main problems at the switch toes is flange contact on the switch blade arising from the
varying rail profiles. Kinematic gauge widening in the through-route has been proposed to
reduce the adverse effects of wheel and switch blade wear at the switch toe. This mechanism,
called FAKOP is developed by an Austrian company VAE GmbH [72] and induces a lateral
displacement in the wheelset by changing the gauge width at the toe as shown in Figure
2.11a.
The purpose is to allow higher speeds on the through-route by removing the shift from
stock to switch rail as in a conventional turnout. In simulation studies, FAKOP shows a
reduction in wheel-rail wear and impact forces compared to a conventional switch [73].
However, it does not improve the wear on divergent routes and requires complex designing
tools which make its production difficult. Another mechanism which works by introducing
a lateral displacement at the toe is CATFERSAN, which involves machining the stock rail
to reduce its height on the side where the wheel flange travels [74], as illustrated in Figure
2.11b. Unlike FAKOP, it involves machining of standard stock rail and is therefore fairly
inexpensive to produce.
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(a) A FAKOP track switch [73]
(b) A CATFERSAN track switch [74]
Figure 2.11: Different track switching mechanisms
To address the lack of operational redundancy of a conventional track switch in the event
of a failure, a novel track switching mechanism called Redundantly-Engineered POINTs,
abbreviated as REPOINT, has been proposed [75]. It uses multiple actuators for redundancy
and the mechanism involves using stub switches which lift and drop into the desired location
as shown by the arrows in Figure 2.12. According to current practice, the distance between
consecutive trains has to be sufficient to safely stop in the event of a failure, however a
fault-tolerant and redundant switch like REPOINT allows the distance to be reduced which
can potentially increase the capacity of railways as a transport system.
The reduction of impact forces at crossings is also a key issue for which a few different
mechanisms have been proposed. This includes the introduction of moveable crossing nose
for high speed turnouts. Other efforts include flange bearing crossings which support a wheel
from under the flange to allow rail vehicles to ride on their wheel flange [13]. This minimises
the vertical disturbances to reduce impact on the crossing nose and the wheels. Figure 2.13
illustrates a flange bearing crossing nose. On-going work on novel track switching concepts
is being undertaken in several European projects such as In2track [76], Shift2rail [4] and
S-code [5].
Despite these improvements in technology, track switches still remain a largely mechan-
ical concept that rely on the switch rails moving laterally. Consequently, there is a rapid
change in contact profiles leading to the associated problems of disproportionately high
impact forces and wear. The concept of VBS is to fundamentally change the switching
mechanism from the track to the vehicle.
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Figure 2.12: Laboratory demonstrator of a RE-
POINT track switch [75] Figure 2.13: Flange bearing crossing nose [13]
2.9 Current status of VBS
Vehicle-based switching proposes to perform switching from on-board the vehicle. The
motivation is to have a purely passive track switch, which does not rely on any moving parts
and the switching is done entirely from the vehicle instead. Vehicle-based switching has
probably been conceptualised since the invention of railways with ‘Rivington’s self-acting
railway switches’ being one of the earliest appearances in literature [77]. The underside of
the vehicle has an inclined plane which pushes a bell crank which moves the switch blades
into position, as illustrated in Figure 2.14. Although it is largely a mechanical concept, it
represents a shift in controlling the switching from track to vehicle, although the switch
action itself remains part of the track. Another such application of controlling a track switch
from the vehicle is done in trams the driver chooses the switch position from the dashboard.
However, these mechanisms are inherently different than having a track switch with no
moving parts, which is the more recent motivation behind VBS.
With developments in electronics, vehicle-based switching has been envisioned as a
control application where the wheels can be individually controlled with torque-controlled
motors relying on sensors. One such proposition is that of Koseki et al. [78], where the
wheels on a wheelset can be individually-driven to generate the required creep forces to
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Figure 2.14: Rivington’s self-acting switches [77]
produce the necessary yaw angle. This is similar to the mechanism used in this study, a
conceptual illustration of which is shown in Figure 2.15. Another idea is to have a permanent
magnet on the underside of the vehicle and electromagnetic rails for both through and
diverging routes [79]. When the vehicle goes over the switch it is attracted to either the rails
for the through or the diverging route depending on which of the electromagnets is turned on.
This mechanism is shown in Figure 2.16.
Figure 2.15: On-board turnout using con-
trolled steering force [78] Figure 2.16: Vehicle switching using magnetic
forces [79]
There has been considerable research into using active elements to influence the running
dynamics of rail vehicles on straight and curved sections of track, most of which is theoretical
but provides a strong understanding of its possibilities and limitations. Applying such
mechanisms on track switches has only been hypothesised and not studied scientifically. The
nature of VBS as is envisioned in the technology route-map in Chapter 1 is novel and radical.
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This study shows the improvements of applying an active vehicle on a conventional switch
and gives an idea of the control requirements in terms of sensing and actuation. The longer
term vision of VBS presents numerous research challenges but can potentially revolutionise
the way trains operate. VBS could be combined with electronically-coupled trains which are
long on premier-routes but allow individual vehicles to de-couple to serve at intermediate
stations. They could also be combined with intelligent systems on-board which allow them
to negotiate with each other at junctions to allow timetable-less running.
2.10 Conclusions
This chapter provided background information on conventional guidance and steering before
reviewing relevant literature of different active steering mechanisms and the status of their
implementation till date. It also provided details on the state-of-the-art in track switching
technology which are mostly a purely mechanical arrangement from the track with no
influence from the vehicle.
The ASW, AIRW and SYC configurations were chosen from the five configurations
discussed in this chapter to present an incremental implementation of active steering where
both the SYC and ASW configurations can be achieved by retrofitting actuators onto a current
bogie through to completely redesigning a conventional vehicle to have individually driven
wheels as in the DIRW mechanism. The SYC mechanism has lesser safety implications
than the ASW due to being in the secondary suspension but also offers fewer potential
improvements to the running dynamics.
Applications of actively steered vehicles on track switches are yet to be explored and is
the motivation for this research. This gap in literature is addressed in this thesis by:
1. Studying actively steered vehicles on different track profiles to assess their performance
against a conventional passive vehicle.
2. Comparing the performance of controller algorithms with varying complexity on the
different active vehicles considered.
3. Selecting the active vehicle and the controller with the best performance and comparing
it against a passive vehicle on conventional track switches.
The next chapter explains the modelling of the three active vehicle described in this chap-
ter and of a conventional passive vehicle. Chapter 5 discusses the results from simulations of
the vehicles on a variety of track profiles.
Chapter 3
Vehicle modelling
A rail vehicle is a very complex dynamic system with a high level of cross coupling between
different degrees of freedom. Dynamic vehicle modelling is usually undertaken as a mathe-
matical representation of this complex system. A vehicle model attempts to serve two main
purposes. Firstly, it allows frequency and time domain analysis of the system which can be
used for various controller design methods. Secondly, several parameters can be changed
to view the corresponding effect on performance without any safety implications. Vehicle
models in general are used for other purposes as well, such as for designing vehicles and
gauging. This chapter discusses the modelling of a full rail vehicle developed in a software
called Simpack [80], which is used by researchers and railway engineers in industry to
model vehicle dynamics to an acceptable accuracy [81, 38]. A review and comparison of
the state-of-the-art of MBS software was undertaken as part of the “Manchester benchmark"
project [82] indicating good correlation to reality.
Vehicle modelling is usually achieved by identifying the relevant degrees of freedom
to form the differential equations describing the modes of interest. If guidance is the only
consideration, a simplified modelling approach would only consider the plan view modes
(mainly lateral and yaw) and ignore coupling with other modes. However, a multi-body
simulation software like Simpack considers all degrees of freedom and their coupling which
increases its fidelity and therefore its correlation to the dynamics of a real rail vehicle.
Simpack also models the non-linearities in the rail-wheel profile and certain suspension
components. The interacting forces between bodies are defined through joint and force
elements so that the equations of motion don’t have to be formulated directly by the user. The
dynamics of these individual components and their interaction are discussed in this chapter.
Two sets of models are developed and discussed in this chapter. One set consists
of non-linear Simpack models of a conventional passive vehicle and the Actuated Solid-
axle Wheelset (ASW), Secondary Yaw Control (SYC) and Driven Independently-Rotating
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Wheelsets (DIRW) vehicles. These are called the ‘simulation’ models. The other set consists
of simplified linearised models obtained from applying system identification methods to
selected inputs and outputs of the Simpack models. The linear models allow the systems
to be analysed in the frequency domain which is useful for designing controllers and are
therefore called the ‘design’ models. The ‘simulation’ models are a level up in complexity
from the ‘design’ models and provide an additional level of proof that the algorithms will
cope with parametric and structural uncertainty, as will be the case in application.
3.1 Passive vehicle modelling in Simpack
The vehicle has six degrees of freedom, of which three are translational (longitudinal,
lateral and vertical movements) and three are rotational (roll, pitch and yaw movements).
The Simpack model takes into account all of the vehicle degrees of freedom and allows
movements between bodies that are considered to be effectively rigid. The x axis is in the
forward direction of motion of the vehicle. The vertical z-axis is relative to the rails and is
positive in the downward direction. The lateral y position is measured relative to the track
centreline. Figure 3.1 shows the axis system relative to a track. Each body has its own
axis system which is especially useful when the vehicle is on a curved section of track. All
the bodies are rigid which means that they do not change their geometry or mass during
simulation.
Figure 3.1: Axis system in Simpack, track is highlighted in yellow.
The Simpack models are developed on the basis of a standard vehicle model in the rail
module of version 9.10.2. It is considered representative of the dynamics of a modern rail
vehicle and can be easily adapted to a specific vehicle by changing the model parameters.
The conventional vehicle model consists of a car body suspended on top of two bogies. The
car body and bogies are defined using their mass, centre of gravity and their roll, pitch and
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yaw inertial moments. Each bogie consists of a frame, a bolster and four radius arms as
shown in Figure 3.2.
Figure 3.2: 3D Simpack model of bogie
The bolster connects the bogie to the car body through the secondary suspension which
consists of three force elements on each side, two spring/damper elements and one shear
spring. The shear spring elements in the secondary suspension model the airsprings in most
passenger vehicles by coupling the shear forces and bending torques. A simplified model
would usually separate it into lateral and vertical springs. The two spring/damper elements
provide stiffness and damping in the vertical and lateral directions. The secondary suspension
also has a yaw stiffness and damping which influences the critical speed above which hunting
occurs. The lateral and yaw damping in the secondary suspensions are non-linear functions
of relative velocity as illustrated in Figures 3.3 and 3.4. The bumpstop provides a progressive
stiffness rate to absorb energy and prevent the suspension from reaching the end of its
deflection limit so it doesn’t get damaged. It has a dead-band region and high stiffness when
the relative position is over a threshold value as shown in Figure 3.5.
The radius arm connects the wheel axlebox to the bogie chassis. The end that is connected
to the bogie has a bushing component which is modelled as stiffness and damping between
the bogie and the radius arm in multiple axis directions - three translations as well as three
rotations. The primary suspension between each wheelset and bogie consists of lateral,
longitudinal and vertical springs. A damper is also connected in parallel to the lateral spring,
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the damping of which varies non-linearly with relative lateral displacement of the wheelsets
to the bogie as shown in Figure 3.6. The longitudinal forces are transmitted through a traction
rod which is modelled as a spring and a damper in parallel.
The mass and inertia of different bodies and the stiffness and damping of the suspension
components in the model are chosen to represent a typical modern rail vehicle [83]. The main
vehicle parameters are listed in Table 3.1. It should be noted that the primary longitudinal
stiffness value given in the table is that of a conventional passive vehicle operating at
maximum speeds of≈45 m/s. At higher speeds, the stiffness needs to be increased to prevent
hunting. The stiffness is reduced for the active vehicle configurations to minimise the control
action opposing a stiff suspension and is instead provided actively. This is discussed in more
detail in Section 3.2. More detailed drawings on the passive vehicle model and a detailed
table of parameter values is in Appendix A.
Table 3.1: Simpack vehicle parameters for a passive vehicle
Primary suspension element Value Units
longitudinal parallel stiffness 3.14×107 N/m
lateral parallel stiffness 6.5×105 N/m
lateral parallel damping 6×105 Ns/m
vertical parallel stiffness 1.22×106 N/m
stiffness of vertical damper 6×105 N/m
Secondary suspension element Value Units
longitudinal shear stiffness 1.6×105 N/m
lateral shear stiffness 1.6×105 N/m
vertical stiffness 4.3×105 N/m
roll bending stiffness 1.05×104 Nm/rad
pitch bending stiffness 1.05×104 Nm/rad
stiffness of vertical damper 6×106 N/m
vertical damping 2.5×104 Ns/m
lateral stiffness 1×106 N/m
yaw stiffness 3.75×105 N/m
Key vehicle parameters Value Units
Vehicle body mass 20000 kg
Bogie mass 2615 kg
Wheelset mass 1200 kg
Half vehicle body length 11.2 m
Bogie semi-wheelbase 1.28 m
Half gauge width 0.75 m
Axlebox lateral semi-spacing 1 m
Wheel rolling radius 0.46 m
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Figure 3.3: Secondary lateral damper
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Figure 3.4: Secondary yaw damper
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Figure 3.5: Bump stop
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Figure 3.6: Primary vertical damper
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The contact forces at the wheel-rail interface are calculated by first identifying the contact
patch sizes and locations and then determining the normal and tangential contact forces.
Multiple points of contact are possible especially when the wheel flanges approach the
rails [84]. A contact patch is the area where the rail profile and the wheel outline intersect
and is modelled as an ellipse. Each contact patch has a local coordinate system which
adjusts accordingly as the wheelset yaw angle changes. Figure 3.7 shows the contact patch
orientation for different yaw ψ positions or angles of attack. The contact transitions from the
centre of the track (left figure) to flange contact at a higher angle of attack (right figure).
Figure 3.7: Contact patch orientation when ψ = 0◦ (left), 3◦ (centre) and 6◦ (right). The rail
marker is blue, the wheel marker is green and the contact patch marker is red.
The normal forces are based on the rail-wheel contact area. The Hertzian method is used
for normal force calculation which is a function of the semi-axes of the elliptical contact
patch, Young’s modulus and Poisson ratio. The wheel-rail material properties are a function
of the latter two parameters. The tangential forces are calculated using the FASTSIM (Fast
Algorithm for the Simplified non-linear theory of contact) algorithm which is based on
Kalker’s "simplified" theory, explained in detail in [85]. The contact is modelled by a series
of three-spring systems such that each point on the wheel-rail surface can elastically displace
in any direction, independently of the neighbouring contact points. FASTSIM provides a
very good approximation and has a quick computation time making it the accepted standard
method [86].
The wheel and rail profiles used are S1002 [87] and UIC60 [88] respectively. The S1002
profile is used on high speed vehicles and on most passenger vehicles. The UIC60 profile is
used across the British rail network. The simulation results of creep forces generated will be
higher with worn wheel profiles as they have a higher conicity than the S1002. However the
overall trends across the different active vehicles will still be the same with different wheel
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and rail profiles. The rails are inclined towards the track centreline by 1 in 40 on all track
profiles except on switches where they are inclined by 1 in 20. 1:40 inclination is widely
used across Europe whereas in Britain, a rail inclination of 1:20 is common practice [89].
Simpack allows the user to change different rail inclinations and wheelset properties such as
parameters defining the wheel-rail material properties, adhesion coefficients, normal force
and creep force calculation methods.
Creep forces are a function of adhesion and will therefore vary with changes in adhesion.
All the simulations in this study assume normal adhesion conditions at which the adhesion
coefficient has negligible effect on the guidance mechanism, which is mainly dependent on
creep forces. Very low adhesion which is indicative of poor weather and foliage on track
is not considered here [90]. Figures 3.8 to 3.11 show the lateral creep forces of the four
wheelsets at varying values of the adhesion coefficient µ on a curved track profile. The
curvature and cant variation of the track profile used is shown in Figure 3.12. From the
graphs it can be seen that at different µ values, the change in the lateral creep forces at the
four wheelsets of a rail vehicle is not very significant 1. The controllers are designed to be
able to cope with such parametric variations as will be the case in practice.
3.2 Active vehicle modelling in Simpack
Three active vehicle models are developed in Simpack based on the SYC, ASW and DIRW
configurations. The SYC and ASW vehicles have solid-axle wheelsets while the DIRW
vehicle has independently-rotating wheelsets. The Simpack modelling for a vehicle with
independently-rotating wheelsets is similar to that of a vehicle with solid-axle wheelsets. The
only difference is at the wheelset level and this is illustrated in Figure 3.13. The solid-axle
wheelset, shown on the right is modelled as a single body with six dofs with respect to the
track and force elements to model the creep forces. The independently-rotating wheelset is
modelled as three bodies - two wheels and an axle. The wheels are free to rotate along the
y-axis wrt the axle which has 6 dofs wrt the track.
Both the SYC and the ASW vehicles are able to guide without the active elements due to
having solid-axle wheelsets. The purpose of the active elements is to provide an additional
steering torque. The SYC vehicle uses actuators in the same place as a conventional anti-yaw
damper which would normally influence the hunting modes of the vehicle. Figure 3.14a
shows the position of the SYC actuators. The actuators provide a steering torque to the bogie
which is determined using controllers designed using frequency-domain design methods
which is discussed in more detail in Chapter 4. The difference between the lateral creep
1The R2 correlation in lateral creep force responses with a µ variation of 0.1 is ≈95%. Correlation is
calculated using Equation 3.20
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Figure 3.8: Front bogie front wheelset
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Figure 3.9: Front bogie rear wheelset
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Figure 3.10: Rear bogie front wheelset
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Figure 3.11: Rear bogie rear wheelset
forces at the wheel-rail contact of the front and rear wheelsets in each bogie is used as the
feedback signal to calculate the control torque. This is the mechanism of the SYC control as
explained in Section 2.4.1. The control torque is purely for the purpose of stabilisation as
guidance is provided by the solid-axle wheelsets. The controller aims to equalise the lateral
creep forces generated by the front and rear wheelsets of a bogie. This would therefore
require estimation in practice using a model based filter, such as a Kalman-Bucy filter to
estimate creep forces at the wheel-rail contact [91], [92].
In the ASW vehicle, the steering yaw torque is applied directly to the wheelset using a
pair of longitudinal actuators as shown in Figure 3.14b. The actuators are in parallel with
the longitudinal springs to maintain a conventional suspension configuration. The idea is to
apply a yaw torque to the wheelsets to reduce the relative longitudinal forces between the
contact points on the wheels and rails as explained in Section 2.4.2. The controller aims to
achieve ‘pure rolling’ by controlling the longitudinal creep forces to zero. Similar to the SYC
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Figure 3.12: Curved track profile with radius = 535 m, cant = 4◦
(a) Solid axle wheelset (b) IRW
Figure 3.13: 2D diagrams of IRW and solid-axle wheelsets
configuration, an estimator will be needed to estimate the longitudinal creep forces which are
used as feedback signals. Also, as in the case of the SYC configuration, the control torque
aims to provide the steering while the guidance is provided by the solid-axle wheelsets.
The DIRW vehicle uses wheel motors as illustrated in Figure 3.14c to provide an overall
wheelset steering torque to minimise the longitudinal creep forces. In this study, traction
control is not integrated with the steering control, however in practice a combined strategy
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(a) SYC bogie
(b) ASW bogie
(c) DIRW wheelset
Figure 3.14: Actuator positions for the SYC, ASW and DIRW vehicles
would need to be considered. The motor torques are calculated using wheelset lateral
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displacement as the feedback signal. Perfect sensing is assumed because the aim is to
quantify the benefits for an ideal scenario.
All three active vehicle simulations are undertaken at moderate (30 m/s) and high (45 m/s)
speeds to analyse performance in a variety of scenarios. Typical primary longitudinal stiffness
for a high speed train is in the 30-60 MN/m range [93]. The stiffness of the longitudinal
springs in the primary suspension of the active vehicle models is reduced to 3.14 MN/m
to lower the actuation torque required. The reduction in longitudinal stiffness does not
compromise stability because it allows the control mechanism to provide the stability without
needing to overcome high stiffnesses.
3.3 Developing linear models
The Simpack model has non-linear rail-wheel profile and suspension components and is
considered to be a good representation of a real rail vehicle short of full-scale testing.
However, in order to design controllers, it is necessary to analyse the frequency response
of the system to understand how it may respond to different harmonic excitations. The
vast majority of frequency analysis methods discussed in literature and applied in industry
is performed on linear systems. Designing controllers based on the linear models can be
justified on the basis that the control action would minimise flange contact to operate in the
linear region of the wheel-rail contact. Most controllers are designed on the basis of linear
systems but are able to cope with non-linearities due to having a level of robustness.
The linear models can be developed by selecting the relevant inputs and output signals
from the Simpack model and applying system identification methods. This process produces
a “slice” of the complete model that relates the input signal to the output signal and is not a
linear representation of the entire vehicle model. An advantage of this method is that it can
be implemented practically from a measurable input to an output signal.
A full vehicle linear model can also be developed using equations such as 2.1 for the
wheelset lateral acceleration and Newtonian mechanics to describe the equations of motion
for the plan view modes. This means that internal states can be measured unlike system
identification where they are not accessible. However, developing the equations of motion
requires detailed knowledge of the dynamics of the system, which can be especially complex
for non-linear systems. The next subsection describes the equations of motion for the lateral
and yaw modes of a rail vehicle.
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3.3.1 Equations of motion
The plan view schematic of a passive rail vehicle is shown in Figure 3.15. Only the plan view
modes (lateral and yaw) is considered here. The following notation is used in the schematic
and in the equations of motion describing the lateral and yaw dynamics of a vehicle with two
bogies and two wheelsets on each bogie.
Figure 3.15: Plan view schematic of a railway vehicle
where,
y1 → front bogie, front wheelset lateral position
y2 → front bogie, rear wheelset lateral position
y3 → rear bogie, front wheelset lateral position
y4 → rear bogie, rear wheelset lateral position
yb f → front bogie lateral position
ybr → rear bogie lateral position
ybd → vehicle body lateral position
ψ1 → front bogie, front wheelset yaw angle
ψ2 → front bogie, rear wheelset yaw angle
ψ3 → rear bogie, front wheelset yaw angle
ψ4 → rear bogie, rear wheelset yaw angle
ψb f → front bogie yaw angle
ψbr → rear bogie yaw angle
ψbd → vehicle body yaw angle
Ky → primary lateral stiffness
fy → primary lateral damping
Ksy → secondary lateral stiffness
Csy → secondary lateral damping
Csay → secondary anti-yaw damping
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The lateral acceleration of the wheelsets can be described using the following equations:
y¨1 =
1
m
{
−2 f22
v
(y˙1+
r0λ
l
y˙1− vψ1)− 2 f23v ψ˙1−
Wλ
l
(y1−d)+ ky(yb f − y1)+ fy( ˙yb f − y˙1)
}
(3.1)
y¨2 =
1
m
{
−2 f22
v
(y˙2+
r0λ
l
y˙2− vψ1)− 2 f23v ψ˙2−
Wλ
l
(y2−d)+ ky(yb f − y2)+ fy( ˙yb f − y˙2)
}
(3.2)
y¨3 =
1
m
{
−2 f22
v
(y˙3+
r0λ
l
y˙3− vψ1)− 2 f23v ψ˙3−
Wλ
l
(y3−d)+ ky(yb f − y3)+ fy( ˙yb f − y˙3)
}
(3.3)
y¨4 =
1
m
{
−2 f22
v
(y˙4+
r0λ
l
y˙4− vψ1)− 2 f23v ψ˙4−
Wλ
l
(y4−d)+ ky(yb f − y4)+ fy( ˙yb f − y˙4)
}
(3.4)
The yaw dynamics of the wheelsets are described by the following equations:
ψ¨1 =
1
I
{
−2 f11( lλr0 (y1−d)+
l2
v
ψ˙1)− 2 f33v ψ˙1−
Iwyvλ
lr0
y˙1+
f23
v
(y˙1+
r0λ
l
y˙1− vψ1)
+Wλ lψ1− kψψ1− fψ ψ˙1
}
(3.5)
ψ¨2 =
1
I
{
−2 f11( lλr0 (y2−d)+
l2
v
ψ˙2)− 2 f33v ψ˙2−
Iwyvλ
lr0
y˙2+
f23
v
(y˙2+
r0λ
l
y˙2− vψ2)
+Wλ lψ2− kψψ2− fψ ψ˙2
}
(3.6)
ψ¨3 =
1
I
{
−2 f11( lλr0 (y3−d)+
l2
v
ψ˙3)− 2 f33v ψ˙3−
Iwyvλ
lr0
y˙3+
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(y˙3+
r0λ
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y˙3− vψ3)
+Wλ lψ3− kψψ3− fψ ψ˙3
}
(3.7)
ψ¨4 =
1
I
{
−2 f11( lλr0 (y4−d)+
l2
v
ψ˙4)− 2 f33v ψ˙4−
Iwyvλ
lr0
y˙4+
f23
v
(y˙4+
r0λ
l
y˙4− vψ4)
+Wλ lψ4− kψψ4− fψ ψ˙4
}
(3.8)
The lateral position of the bogies is given by the following equations:
mby¨b f = Fky1 +Fcy1 +Fky2 +Fcy2 −Fkbd−Fcbd (3.9)
where, Fky1 is the spring force from the front wheelset,
Fcy1 is the damping force from the front wheelset,
Fky2 is the spring force from the rear wheelset,
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Fcy2 is the damping force from the front wheelset,
Fkbd is the spring force from the vehicle body,
Fcbd is the damping force from the vehicle body
mby¨b f =−ky(yb f − y1)− fy(y˙b f − y˙1)− ky(yb f − y2)− fy(y˙b f − y˙2)+ ksy(ybd− yb f )
+ csy(y˙bd− y˙b f )
kyy1+ kyy2− (2ky+ ksy)yb f + fyy˙1+ fyy˙2− (2 fy+Csy)y˙b f + ksyybd−Csyy˙bd
(3.10)
Similarly, for the rear bogie,
mby¨br = kyy3+kyy4−(2ky+ksy)ybr+ fyy˙3+ fyy˙4−(2 fy+Csy)y˙br+ksyybd−Csyy˙bd (3.11)
The yaw dynamics of the bogies is given by the following equation:
Ibψ¨b f = Fky1(−a)+Fky2(a)+Fc1 +Fc2 (3.12)
where, Fc1 and Fc2 are the secondary yaw damping forces.
Ibψ¨b f =−ky(yb f −aψb f − y1)(−a)− ky(yb f +aψb f − y2)(a)−Csay(ψ˙b f − ψ˙1)
−Csay(ψ˙b f − ψ˙2)
= 2kya2ψb f − kyay1+ kyay2−2Csayψ˙b f +Csayψ˙1−Csayψ˙2
(3.13)
Similarly, for the rear bogie,
Ibψ¨br = 2kya2ψbr− kyay3+ kyay4−2Csayψ˙br +Csayψ˙3−Csayψ˙4 (3.14)
The vehicle body lateral dynamics equation is
mbd y¨bd = Fkb f +Fkbr +Fcb f +Fcbr (3.15)
mbd y¨bd =−Ksy(ybd− yb f )−Ksy(ybd− ybr)−Csy(y˙bd− y˙b f )−Csy(y˙bd− y˙br)
=−2Ksyybd +Ksyyb f +Ksyybr−2Csyy˙bd +Csyy˙b f +Csyy˙br
(3.16)
The vehicle body yaw motion equation is
Ibdψbd = Fkb f (−L)+Fkbr(L)+Fcb f (−L)+Fcbr(L) (3.17)
Ibdψbd =−Ksy(ybd−Lψbd− yb f )(−L)−Ksy(ybd +Lψbd− ybr)(L)
−Csy(y˙bd−Lψ˙bd− y˙b f )(−L)−Csy(y˙bd +Lψ˙bd− y˙br)(L)
=−2KsyL2ψbd−Ksyyb f L+KsyLybr−2CsyL2ψ˙bd−Csyy˙b f L+CsyLy˙br
(3.18)
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The linear model derived above from first principles was simulated in a curved track
profile and compared to the responses from the non-linear Simpack model. The curve has
a radius of 535 m, cant of 4◦ and the vehicle speed is 30 m/s. The profile transitions from
straight to curved between 1 s and 3 s then back to straight between 7 s and 9 s as shown in
Figure 3.12. Figures 3.16 and 3.17 show the lateral and yaw dynamics of a vehicle negotiating
the curved track profile.
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Figure 3.16: Wheelset, bogie and car body lateral displacements on a curved track with
radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS,Fb and Rb
used in the graph labels mean ‘front wheelset’, ‘rear wheelset’, ‘front bogie’ and ‘rear bogie’
respectively. ‘S’link’ and ‘S’pack’ denote the Simulink and Simpack models respectively,
where the Simulink vehicle is a linear model developed from formulating equations of motion
and the Simpack vehicle is non-linear.
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As can be seen from the figures, there are significant differences in the responses during
the transitions and the steady states. The poor correlation between the models is mainly
due to the fact that the the wheel-rail contact region approaches the flange. There are also
differences in the modelling of the suspension elements in the two models. For these reasons,
system identification is used to develop the linear models which is discussed in the next
section.
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Figure 3.17: Wheelset, bogie and car body yaw angular positions on a curved track with
radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS,Fb and Rb
used in the graph labels mean ‘front wheelset’, ‘rear wheelset’, ‘front bogie’ and ‘rear bogie’
respectively. ‘S’link’ and ‘S’pack’ denote the Simulink and Simpack models respectively,
where the Simulink vehicle is a linear model developed from formulating equations of motion
and the Simpack vehicle is non-linear.
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3.3.2 System identification
System identification gives a model based on input and output signals and is preferred for its
ease of applicability where the signals can be easily measured. All of the estimated models
are linear AutoRegressive eXogenous (ARX) models which means that the model relates
the output to past values of the output and present and past values of the input. This is
a black-box approach where the system dynamics are unknown. Other black-box model
structures could be used which are usually more complex than the ARX model and useful
for noisy data. However, in this case the data is not noisy and a simple ARX model was
sufficient to give a good linear model. The ARX models are generated using MATLAB/
Simulink and have the following general form
Figure 3.18: General ARX model
A(z)y(k) = B(z)u(k−n)+ e(k) (3.19)
where u(k) is the system inputs, y(k) is the outputs, e(k) is the disturbance at the kth sample
point. n is the delay, A(z), B(z) are the polynomials as a function of the delay operator z−1.
A(z−1) = 1+a1z−1+ ...+anz−n
B(z−1) = b1z−1+b2z−2+ ...+bmz−m
For applying system identification the rail vehicle is run in Simpack on a straight track
with no stochastic disturbances and a small input force/ torque is applied to excite the system
dynamics. The input force/ torque is a pulse signal, the amplitude of which is chosen to be
high enough to excite the system while maintaining the wheel-rail contact non-linearities to
a minimum. The pulse is applied in both directions in order that the model does not settle on
the flanges to keep non-linearities to a minimum. A small pulse width of 0.25 s is chosen to
accentuate the higher frequencies to get a better estimated system. The output signal is the
resulting creep force or wheelset lateral displacement.
Once the model is identified, the correlation of the linear model response to the non-linear
model is assessed by calculating the coefficient of determination or R2, which is calculated
as
R2 = 1− ∑
n
i=1(yi− yˆi)2
∑ni=1(yi− y¯)2
(3.20)
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where yi is the observed data with n values y1,y2, ...,yn, yˆi are the estimated values, and y¯ is
the mean of the observed data. The R2 values tend to unity as the fit of the estimated values
to the observed data improves. The R2 values are converted to a % and a value of 90 % is set
as the threshold above which the dominant dynamics are captured to give a linear estimated
model that behaves similarly to the Simpack model. The linear models are then used to
design controllers which are implemented on the nonlinear Simpack ‘simulation’ models.
Figure 3.19 illustrates this system identification process.
Figure 3.19: The system identification process
3.3 Developing linear models 49
SYC
For the SYC configuration the input is a torque pulse of amplitude 10 kNm from the vehicle
body to the front bogie. The output is the difference between the lateral creep forces at the
front and rear wheelsets of the front bogie. Table 3.2 shows the R2 metric of identified models
with different orders, na and nb are the number of denominator and numerator coefficients
respectively of the estimated transfer functions, nc is the delay from the input to the output.
Table 3.2: Candidate SYC linear models from system identification
na nb nc R2%
8 8 2 93.84
8 8 1 93.86
10 8 2 94.07
9 8 2 94.09
10 8 1 94.45
10 9 0 94.46
10 9 1 95.23
9 9 1 95.25
9 9 2 95.42
10 9 2 95.44
The estimated model chosen is a tenth order system with na=10, nb=9 and nc=1. This
was chosen because it was the model which showed the highest R2 metric with a strictly
proper transfer function and delay of one sample time. With more delay the increase in R2 is
marginal. The transfer function of the estimated model is
G(z) =
0.04616z−1+0.03352z−2−0.0111z−3−0.07599z−4+0.01116z−5−0.0454z−6
1−2.004z−1+1.332z−2−0.3859z−3+0.05019z−4−0.05362z−5+0.03737z−6 ...
0.009797z−7+0.001171z−8+0.03093z−9
0.2132z−7−0.3653z−8+0.2593z−9−0.06283z−10
(3.21)
The estimated response has an R2 metric of 95.23 %. Figure 3.20 shows the input torque
and the resulting responses from the ‘observed’ Simpack model and the ‘estimated’ ARX
model. The error is calculated as the difference in the two model responses and has a peak of
2kN which is very small compared to a peak of 10 kN in the model response. The correlation
is considered to be good enough for the purpose of controller design. The frequency response
of the system is shown in the Bode plot in Figure 3.21. The response is that of a non-minimal
phase system. There are two positive zeros outside the unit circle, both of which are at 78.6
Hz.
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Figure 3.20: System identification applied to the SYC model
Figure 3.21: Frequency response of the linear SYC model
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ASW
To apply system identification in the ASW configuration, the input is a longitudinal force
pulse of amplitude 10 kN applied from the left actuator of the front wheelset to the front
bogie. The output is the longitudinal creep force of the front wheelset. Table 3.3 shows
the R2 metric of identified models with different orders where na and nb are the number of
denominator and numerator coefficients respectively. nc is the delay from the input to the
output.
Table 3.3: Candidate ASW linear models from system identification
na nb nc R2%
1 1 1 90.43
1 1 0 90.82
4 1 0 92.56
3 1 0 92.67
4 2 0 92.91
3 2 0 93.04
3 3 1 95.31
4 4 0 95.55
4 3 1 95.75
4 4 1 95.83
The estimated system is fourth order with na=4, nb=3, nc=1. This was chosen because it
was the model showing the highest R2 value with a strictly proper transfer function and a
delay of one sample time. Most real systems have some delay and therefore an nc value of 0
is not realistic.
The identified model has the following transfer function
G(z) =
0.742z−1−1.331z−2+0.636z−3
1−1.635z−1+1.032z−2−0.3843z−3−0.0441z−4 (3.22)
The estimated response has an R2 metric of 95.75%. The input force, observed and
estimated system responses and the error between them are shown in Figure 3.22. As can be
seen, the error is small compared to the amplitude of the observed response. The frequency
response of the system is shown in the Bode plot in Figure 3.23.
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Figure 3.22: System identification applied to the ASW model
Figure 3.23: Frequency response of the linear ASW model
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DIRW
For the DIRW configuration, the input is a motor torque pulse of amplitude 200 Nm applied to
the right wheel of the front wheelset of the front bogie. The output is the lateral displacement
of the front wheelset. If the input torque is applied to both wheels, the amplitude of the output
displacement is doubled but is the same otherwise. So only a single-input single output
(SISO) system with a single wheel torque is estimated for simplicity. However, such a SISO
system identification also assumes that each wheelset is decoupled from the others, which
is not strictly true. In reality, the cross-coupling means that it is a multiple-input multiple
output (MIMO) system which can be expressed in matrix form as

y1
y2
y3
y4
=

Ty1F1 Ty1F2 Ty1F3 Ty1F4
Ty2F1 Ty2F2 Ty2F3 Ty2F4
Ty3F1 Ty3F2 Ty3F3 Ty3F4
Ty4F1 Ty4F2 Ty4F3 Ty4F4


F1
F2
F3
F4

where the y terms denote the lateral displacement outputs, F denotes the torque inputs and T
is a transfer function describing the relationship between a particular input and output. So
for example the front wheelset lateral displacement can be expressed as
y1 = Ty1F1F1+Ty1F2F2+Ty1F3F3+Ty1F4F4 (3.23)
In order to establish the cross-coupling between the lateral displacements of different
wheelsets, a motor torque excitation was applied to each wheelset in the Simpack model and
the resultant corresponding wheelset lateral displacements were observed. Figure 3.24 shows
the lateral displacement of the front wheelset when a torque is applied to each wheelset
individually. The ‘true’ value of y1 according to equation 3.23 is shown in green and the
‘assumed’ value from assuming no cross-coupling is shown in blue. The ‘error’ graph is
plotting the difference between the ‘true’ and ‘assumed’ values. The red, yellow and purple
lines show the y1 response when torques are applied to the rear wheelset of the front bogie,
and front and rear wheelsets of the rear bogie respectively. As can be seen from the figure, the
coupling is particularly high between two wheelsets on the same bogie as may be expected.
However, considering only the diagonal terms to design a controller works because the
lateral dynamics of both wheelsets on a bogie are largely similar. So a controller designed
considering only one wheelset is able to cope with the addition of the off-diagonal terms
because the additional coupling terms don’t oppose the control action.
54 Vehicle modelling
0 1 2 3 4 5 6 7 8 9 10
−3
−2
−1
0
1
2
3
·10−4
Time (s)
L
at
er
al
di
sp
la
ce
m
en
t(
m
)
y1F1 y1F2 y1F3 y1F4 all
0 1 2 3 4 5 6 7 8 9 10
−2
−1
0
1
2 ·10
−4
Time (s)
E
rr
or
(m
)
Figure 3.24: The notations ‘y1F1’, ‘y1F2’, ‘y1F3’ and ‘y1F4’ used in the graph labels are
used to denote the lateral displacement of the front wheelset y1 when a torque is applied
to the each wheelset of the rail vehicle individually. So ‘F1’ for example denotes a torque
applied to the front wheelset of the front bogie. The label ‘all’ is the response of y1 calculated
according to equation 3.23. The error signal is the difference between the green and blue
lines.
For this reason, only a SISO model is identified. Table 3.4 shows the R2 metric of
identified models with different orders where na and nb are the number of denominator and
numerator coefficients respectively. nc is the delay from the input to the output.
The estimated system selected is a sixth order model with na=6, nb=5 and nc=1. This
model was chosen because it is strictly proper and has a delay of one sample time. The
transfer function of the model is
G(z) =
1.489e−10z−1−1.416e−09z−2+4.432e−10z−3−1.237e−09z−4
1−2.621z−1+2.016z−2−0.1192z−3−0.065z−4−0.4573z−5 ...
+1.785e−09z−5
−0.2472z−6
(3.24)
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Table 3.4: Candidate DIRW linear models from system identification
na nb nc R2%
6 6 1 92.94
7 4 2 92.96
6 5 1 92.97
6 4 2 93.03
6 5 2 93.09
7 5 2 93.41
7 7 2 93.53
7 7 1 93.60
6 6 2 93.83
7 6 2 93.90
The estimated response has an R2 metric of 92.97%. The estimated model response is
considered to have a good enough correlation to the observed model response for the purpose
of controller design. The input torque, model responses and resulting error is illustrated in
Figure 3.25. The frequency response of the system is shown in the Bode plot in Figure 3.26.
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Figure 3.25: System identification applied to the DIRW model
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Figure 3.26: Frequency response of the linear DIRW model
3.4 Conclusions
This chapter explained the vehicle modelling process of the conventional passive vehicle and
the SYC, ASW and DIRW active vehicles in Simpack. These vehicles are non-linear and
while they are a good representation of a real rail vehicle, they cannot be used to analyse the
frequency response of the system because of their non-linearity. Almost all model-based
control design methods are applicable mainly to linear models. For this reason, linear models
were developed first using first principles in Simulink. However, the model didn’t have a
good fit to the Simpack model, almost certainly due to the non-linearities becoming more
significant as the wheel-rail contact region approaches flanges. System identification was
used to develop linear models for each of the three active vehicles and this process is discussed
in this chapter. These models show a good correlation to the non-linear Simpack model. The
next chapter uses the frequency analysis of these linear models to design controllers. The
controller design process is also covered in detail in the next chapter.
Chapter 4
Controller design
This chapter explains the design methodology for the controllers in the Secondary Yaw
Control (SYC), Actuated Solid-axle Wheelset (ASW) and Driven Independently-Rotating
Wheelset (DIRW) mechanisms. The controllers are designed in Simulink using time and
frequency-based methods on the linear models developed in the previous chapter. The
controllers in Simulink are then run in co-simulation with the non-linear Simpack models to
analyse the time responses.
Two sets of controllers are developed for each active steering mechanism in order to
present a logical case for the choice of controller used finally in the track switch simulations
in Chapter 6. One set is that of classical controllers such as proportional integral (PI) or
phase advance (PA) which deal with linear time invariant single-input single-output systems.
Classical controllers are chosen for their simplicity and practicability. The other set is a more
advanced proportional integral plus (PIP) control. A PIP controller is chosen as it allows state
variable feedback where all the states depend only on the present and past inputs and outputs
of the system. Therefore they are directly measurable unlike a state-space form which may
require observers for unmeasurable states. A PIP controller should theoretically give a better
performance than the classical controller because it uses state-feedback [94]. So although
both controllers are constrained by only the input and output signals and no internal states,
they differ in the complexity of the control algorithms.
4.1 Design requirements
In order to design controllers, it is first necessary to establish the requirements. In the
frequency domain, gain and phase margins are used to assess the system stability. The gain
margin (GM) is a measure of how much the gain can be increased before the system reaches
the point of critical stability. Likewise, the phase margin (PM) is the additional phase lag that
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the system can tolerate before it becomes unstable. These margins are an indication of the
robustness of the controller against parametric variations, system non-linearities or external
disturbances as will be the case in application. They also indicate whether the controller gains
can be increased to improve the system performance. Small margins mean that the controller
is fragile and could easily become unstable. The GM and PM can be easily measured from a
Bode, Nichols or Nyquist plot. The GM is calculated as the value in dB by which the system
magnitude must be increased to reach 0 dB when the phase is 180◦. PM is calculated as the
phase lag required to make the system phase 180◦ when the gain is 0 dB.
There are few references in the literature for acceptable values of gain and phase margins,
however typical examples use a GM greater than 6 dB and a PM greater than 60◦ [95]. These
margins are used as the design requirements in the frequency domain for all the controllers
designed in this chapter. The use of these margins is justified on the basis that changes
in parameters such as vehicle speed do not alter the frequency response significantly. The
margins can usually cope with such variations. In order to establish how the frequency
response of the models change at different vehicle speeds, the Simpack model was run at four
different speeds of 20 m/s, 30 m/s, 40 m/s and 50 m/s. Linear ARX models were identified
through system identification for each case. The transfer functions of the models can be
found in Appendix A. Figures 4.1, 4.2 and 4.3 show the variation in the Nichols plot of the
linear SYC, ASW and DIRW models respectively at the different vehicle speeds.
Figure 4.1: Nichols plot of the linear SYC model at different vehicle speeds.
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Figure 4.2: Nichols plot of the linear ASW model at different vehicle speeds.
Figure 4.3: Nichols plot of the linear DIRW model at different vehicle speeds
From the figures it can be seen that the GM of the uncompensated open loop response of
the SYC model varies from 17.5 dB at 20 m/s to 21.3 at 50 m/s which is a variation of 3.8
dB while the PM is infinity. For the ASW vehicle, the GM variation is 2.6 dB from 11 dB at
20 m/s to 13.6 dB at 50 m/s while the PM is infinity. The uncompensated open loop response
of the DIRW model is from the motor torque in kNm to the wheelset lateral displacement in
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millimeters. The DIRW model frequency response varies from a GM of 32.6 dB and a PM of
77.5 degrees at 20 m/s to a GM of 30.1 dB and a PM of 64.9 degrees at 50 m/s. So it can be
seen that these variations are less than the 6 dB GM and 60 degrees PM design requirements,
which suggests that these requirements are sufficient to cope with some changes in the model.
In the time domain, there should be minimal steady state error. The overshoot requirement
is less than 10 % of the final value. The rise time is calculated as the time taken to go from 10
% to 90 % of the final value. The settling time is calculated as the time taken to reach within
2 % of the final value from the instant the step input occurs. From the system bandwidths
in Tables 4.1 and 4.3, it can be seen that the SYC vehicle bandwidth is ≈ 0.1 Hz and that
of the ASW and DIRW vehicles are ≈ 1 Hz, which are indicative of slow reacting systems.
Therefore a rise time and a settling time of 1 s and 5 s are set as the requirements.
4.2 Classical controller design
Classical controllers typically have a combination of proportional, integral or derivative
action. The simplest form is having only a proportional gain which vertically shifts the
frequency response of the system on a Nichols plot. However, an integral action is usually
needed to remove steady-state errors which works by increasing the gain at low frequencies.
A proportional integral (PI) controller has two tunable parameters, a gain K and an integrator
time constant τ to influence the integral action. τ = 1/ω where omega is the break frequency
below which the gain is higher than K and above which it is equal to K. This means that
when the system is at a steady state at low frequencies the high gain removes any errors. The
PI controller has the following transfer function.
K(s) =
K(1+ τs)
τs
(4.1)
Integral action has the problem of introducing phase lag into the system which makes the
system response much slower and in extreme situations makes the system unstable. Adding
a simple derivative term increases the phase but also introduces high gain at high frequencies
and therefore amplifies sensor noise in the feedback signals. A phase advance (PA) controller
however, introduces the derivative action only at the desired frequency to change the phase
margin whilst constraining the gain at higher frequencies. The PA controller has the following
transfer function where Kpa is the proportional gain, Kratio is the phase advance ratio and τl
is the phase lag time constant.
K(s) =
Kpa(1+Kratioτls)
1+ τls
(4.2)
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For the SYC steering, a PI controller is chosen to remove any low frequency error signals.
The feedback is the difference between the lateral creep forces of the front and rear wheelsets
in each bogie. A schematic of the SYC control mechanism is shown in Figure 4.5.
Figure 4.4: Nichols plot for PI controller design for SYC configuration
Figure 4.4 shows the open loop frequency response of both the front and rear bogies. The
system identification process explained in the previous chapter was used again to identify
a model of the lateral creep force difference of the front and rear wheelsets of the rear
bogie from a torque applied to the rear bogie. It can be seen clearly from the figure that the
frequency responses of both bogies are very similar. For this reason, only one PI controller
is designed. The open loop frequency response with the PI controller is also shown in the
figure. The controller is given a zero demand signal, to equalise the lateral creep forces at the
front and rear wheelsets of each bogie. As can be seen from the figure, the PI controller adds
integral action at low frequencies to remove steady-state errors.
A proportional gain K of 0.5 Nm/N and integrator time constant τ value of 0.01 s changes
the GM to 11.8 dB and the PM to 78.1◦ as listed in Table 4.1. Theoretically, the gain could
be increased more. However, doing so increases the control force required to levels of over
200 kN per actuator which are difficult to realise in practice.
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Figure 4.5: Schematic of the SYC control mechanism
4.2 Classical controller design 63
The controller for the ASW vehicle is also a PI controller with a K value of 0.7 N/N and
a τ value of 0.1 s. The wheelset longitudinal creep forces are used as the feedback signal.
The aim is to reduce them to zero. A schematic of the ASW control mechanism is shown
in Figure 4.7. Figure 4.6 shows the open loop frequency response of all the four wheelsets
of the vehicle. The model for each wheelset was identified using system identification from
input force to the output longitudinal creep force. This is explained in detail in the previous
chapter. From the figure it can be seen that the frequency response of all the wheelsets are
very similar. So only one PI controller is designed and applied to all the wheelsets.
The open loop frequency response with the PI controller is also shown in Figure 4.6.
From the figure it can be seen that the PI controller increases the gain at low frequencies.
The controller gains are not increased further so that the demand force does not exceed ≈80
kN per actuator.
Figure 4.6: Nichols plot for PI controller design for ASW configuration
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Figure 4.7: Schematic of the ASW control mechanism
4.2 Classical controller design 65
For the DIRW configuration, a phase advance plus integral controller was chosen to over-
come phase lag in the system and introduce more proportional gain without compromising
stability. The integrator removes steady-state errors. The feedback signal is the wheelset
lateral displacement and the control effort aims to reduce this to zero. A schematic of the
DIRW control mechanism is shown in Figure 4.9.
Figure 4.8 shows the open loop frequency response of the four wheelsets of the DIRW
vehicle. The uncompensated open loop is plotted from the motor torque in kNm to the
wheelset lateral displacement in millimeters. The model for each wheelset was developed
by identifying a system from an input torque to the relevant wheelset to the corresponding
output wheelset lateral displacement. The frequency response of both wheelsets on the same
bogie are very similar. However, the response of wheelsets on the front and rear bogies are
slightly different. The uncompensated open loop gain margin is the same for all wheelsets at
≈ 29.6 dB. The phase margin of the front bogie wheelsets is ≈ 66.1 degrees and that of the
rear bogie wheelsets is ≈ 86.8 degrees. This difference is not considered to be significant
and therefore only one controller is designed for all four wheelsets.
Figure 4.8: Nichols plot for PA+I controller design for DIRW configuration.
The Kpa,Kratio, τl and τ values were selected to be 1.2×106N/m,6, 2.5×10−3s and 3 s
respectively. Figure 4.8 shows the open loop Nichols plot with the controller in the DIRW
configuration. The PM of the DIRW configuration with the PA+I controller is 65.4 deg which
is relatively low compared to the other two models, however it is still well within the PM
design requirement of 60 degrees. Changing the controller gains to increase the PM worsens
the creep force response of the model.
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Figure 4.9: Schematic of the DIRW control mechanism
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Table 4.1 lists the stability margin and closed loop system bandwidth values for each of
the active steering methodologies. As can be seen, all the vehicles satisfy the GM and PM
design requirements.
Table 4.1: System bandwidth and stability margins
GM (dB) PM (deg) Bandwidth (Hz)
SYC 11.8 78.1 0.07
ASW 9.65 101 1.07
DIRW 22.4 65.4 1.16
Figures 4.10 and 4.11 show the closed loop step response obtained from applying the
PI controllers on the SYC and ASW linear models in Simulink. The PA+I controller
implemented on the linear DIRW model in Simulink gives the step response shown in Figure
4.12.
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Figure 4.10: Closed loop response of PI control applied to the SYC model
The key performance metrics from the closed loop step responses using the classical
controllers are listed in Table 4.2. There was no steady state error in any of the responses.
From the table it can be seen that the overshoot and rise time requirements are satisfied for all
the three vehicle controllers. The SYC settling time however is higher than the requirement
of 5 s while the ASW and DIRW settling times are well within the requirement.
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Figure 4.11: Closed loop response of PI control applied to the ASW model
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Figure 4.12: Closed loop response of PA+I control applied to the DIRW model
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Table 4.2: Time domain performance from applying classical controllers.
Rise time (s) Settling time (s) Overshoot (%)
SYC 0.01 6.64 8.5
ASW 0.42 1 0
DIRW 0.305 1.035 7.2
4.3 PIP controller design
The PIP control system was introduced by Young et al [94]. It requires a non-minimal state
space (NMSS) representation of a linear, discrete-time transfer function. In the NMSS form,
all the states depend on the present and past inputs and outputs of the system. An nth order
single-input single-output (SISO) system in discrete-time can be expressed as
y(k) =
B(z−1)
A(z−1)
u(k) (4.3)
where z−1 is the delay operator and B and A denote the numerator and denominator of the
transfer function such that
A(z−1) = 1+a1z−1+ ...+anz−n
B(z−1) = b1z−1+b2z−2+ ...+bmz−m
The NMSS form is expressed using the following equations
x(k) = Fx(k−1)+gu(k−1)+dyd(k) (4.4)
y(k) = Hx(k) (4.5)
where k is the discrete-time variable, yd is the command input and,
F =

−a1 ... −an−1 −an b2 ... bm−1 bm 0
1 ... 0 0 0 ... 0 0 0
...
...
...
...
...
...
...
0 ... 1 0 0 ... 0 0 0
0 ... 0 0 0 ... 0 0 0
0 ... 0 0 1 ... 0 0 0
...
...
...
...
...
...
...
0 ... 0 0 0 ... 1 0 0
a1 ... an−1 an −b2 ... −bm−1 −bm 1

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g =

b1
0
...
0
1
0
...
0
−b1

d =

0
0
...
0
0
0
...
0
1

H =
[
1 ... 0 0 0 ... 0 0 0
]
The F, g, d, H matrices depend only on the past inputs and outputs and not on any internal
states. The PIP control law resulting from the NMSS model is of the usual state-variable
feedback form u(k) =−kx(k). If the state vector is of the form
x(k) =
[
y(k) y(k−1) ... y(k−n+1) u(k−1) ... u(k−m+1) z(k)
]
where the integral or error term, z(k) = z(k−1)+ yd(k)− y(k) and the gain vector is
k =
[
f0 f1 ... fn−1 g1 ... gm−1 −k1
]
then the PIP control law is
u(k)=− f0y(k)− f1y(k−1)...− fn−1y(k−n+1)−g1u(k−1)...−gm−1u(k−m+1)+k1z(k)
(4.6)
If the previous input u(k−1) is subtracted from the current input u(k), then the PIP control
law can be rewritten as
u(k)−u(k−1) =− f0{y(k)− y(k−1)}− f1{y(k−1)− y(k−2)}...
− fn−1y{(k−n+1)− y(k−n)}−g1{u(k−1)−u(k−2)}...
−gm−1u{(k−m+1)−u(k−m)}+ k1{yd(k)− y(k)}
(4.7)
If the input signal is saturated due to the physical limitations of the system, then the
controller can have an integral windup problem where the integral error accumulates and
prevents the controller from responding quickly to a decrease in the input signal. For this
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reason, u(k) is limited where if u(k)≥ umax, u(k)= umax or if u(k)≤ umin, u(k)= umin. Then it
can be seen from equation 4.7 that the integral error term can be constrained.
For a first order system with one sample time delay and one parameter in the numerator
polynomial, the PIP controller takes the form of a classical PI controller. For more complex
systems, the PI element is retained and additional derivative action is provided through
feedback from the higher order terms, which explains the name ‘proportional integral plus’.
This effect can be seen from the block diagram representation of the PIP controller in Figure
4.13.
Figure 4.13: PIP controller block diagram representation [94]
The gain matrix k can be calculated using any state variable feedback method. Here it is
calculated using the linear quadratic (LQ) algorithm where the cost function J represented in
the equation below is minimised subject to some weighting factors.
J(u) =
∞
∑
n=1
x(n)T Qx(n)+u(n)T Ru(n) (4.8)
This minimisation is performed using the ‘dlqr’ function in MATLAB where the weight-
ings on the input, output and integral-of-error terms need to be specified. Q is a diagonal
matrix with weighting factors Wy, Wu and Wz which are tuned to achieve the desired frequency
response and closed loop performance. Wy affects the response to the disturbance, Wu applies
a weighting to the control torque and Wz governs the speed of the response.
The design process is similar for all the three controllers, so only the DIRW controller is
explained in detail. From the DIRW linear model transfer function expressing the relationship
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between the input wheel torque and the wheelset lateral displacement in equation 3.24, the
F,g,d,H matrices for expressing the NMSS form are given below
g =

2×10−10
0
0
0
0
0
0
1
0
0
0
0
0
−2×10−10

d =

0
0
0
0
0
0
0
0
0
0
0
0
0
1

H=[1 0 0 0 0 0 0 0 0 0 0 0 0 0]
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The k matrix is calculated from minimising the cost function with the weightings Wy = 0.1,
Wu = 1×10−4 and Wz = 1×106.
k = 1×108 [-0.98 1.50 -0.42 -0.12 -0.03 -0.14 0.17 0.00 ... 0.00]
The weightings for each of the PIP controllers for the SYC, ASW and DIRW were
selected heuristically to achieve the same GM and PM requirements established for the
classical controllers. Figures 4.14, 4.15 and 4.16 show the open loop frequency response
with and without the PIP controller applied in the SYC, ASW and DIRW configurations
respectively. The weightings selected and the corresponding margins and bandwidth for
each of the controllers is given in Table 4.3. From the table it can be seen that the GM and
PM requirements are satisfied for each controller. As with the classical controller design,
the margins are not pushed excessively so as to keep the control force/ torque required to
practically realisable levels. From the Nichols plots it can be seen that the gain is increased
at lower frequencies to remove any steady state errors.
Figure 4.14: Nichols plot for PIP controller design for SYC configuration
Table 4.3: System bandwidth and stability margins
controller weightings GM (dB) PM (deg) Bandwidth (Hz)
SYC Wy=0.1, Wu=1, Wz=2 19.5 85.6 0.12
ASW Wy=1, Wu=1, Wz=0.01 7.92 79.8 1.17
DIRW Wy=0.1, Wu = 1×10−4, Wz = 1×106 34.1 61.9 1.92
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Figure 4.15: Nichols plot for PIP controller design for ASW configuration
Figure 4.16: Nichols plot for PIP controller design for DIRW configuration
The closed loop step response obtained with the PIP controller implemented on the
linear SYC, ASW and DIRW models in Simulink is shown in Figures 4.17, 4.18 and 4.19
respectively.
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Figure 4.17: Closed loop response of PIP control applied to the SYC model
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Figure 4.18: Closed loop response of PIP control applied to the ASW model
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Figure 4.19: Closed loop response of PIP control applied to the DIRW model
There was no steady state error in any of the step responses. The key performance metrics
from the closed loop step responses using the PIP controllers are listed in Table 4.4. The PIP
controllers satisfy the rise time, settling time and overshoot requirements for each controller.
For the SYC case, the settling time is reduced using the PIP controller, but the rise time
is higher. In the ASW case, the both the rise and settling times are reduced using the PIP
controller. For the DIRW configuration, there is a marginal increase in the rise and settling
times, but the overshoot is reduced using the PIP controller designed.
Table 4.4: Time domain performance from applying PIP controllers.
Rise time (s) Settling time (s) Overshoot (%)
SYC 0.085 3.055 0
ASW 0.365 0.685 0
DIRW 0.41 1.155 6.4
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4.4 Conclusions
In this chapter a classical controller and a PIP controller are developed for each of the
active steering configurations. The classical controllers show the performance using simple
algorithms which could theoretically be further improved using the state-feedback control
with the PIP controllers. The following key conclusions can be drawn from applying the
controllers on the linear models obtained from system identification.
• For the SYC model, the PIP controller nearly doubles the system bandwidth com-
pared to the classical PI controller. As a consequence, the rise and settling times
is significantly reduced. The PIP controller also eliminates overshoot which is 8.5
% of the steady state value using the PI controller. The torque requirements using
both controllers are very similar. The reduction in settling time and overshoot clearly
demonstrate a better performance using the PIP controller.
• The bandwidth of the ASW model is also marginally higher using the PIP controller.
The rise and settling times are reduced indicating that the PIP controller shows a better
performance the classical PI control. The torque requirements using both controllers
are similar.
• The DIRW model shows a very similar response using both the PIP and the classical
PA+I controllers. There is a marginal increase in the rise and settling times using the
PIP controller. The overshoot is marginally lower using the PIP controller.
Both types of controllers are applied to the three active vehicle non-linear models in the
next chapter. Applying the controllers developed in this chapter will provide a level of proof
of robustness that the algorithms will cope with the model non-linearities. The Simpack
‘simulation models’ are more complex than the linear ARX ‘design models’. The next chapter
also compares the performance of the two controllers for each steering mechanism to present
a logical reasoning for the controller selected for the track switch simulations.
Chapter 5
Active vehicle non-linear model
simulations
This chapter discusses the simulation results of the different active vehicle models Sec-
ondary Yaw Control (SYC), Actuated Solid-axle Wheelset (ASW) and Driven Independently-
Rotating Wheelset (DIRW), developed in Chapter 3 in a variety of scenarios. Both sets of
controllers developed in the Chapter 4 are used. There are two main objectives of this chapter.
Firstly, the different active steering mechanisms are compared to each other and to the passive
vehicle model. This comparison allows a performance analysis of the different schemes
in terms of wheel-rail wear, guidance and steering. The improvement in performance is
demonstrated by quantifying their benefits with respect to a conventional vehicle model
on some common track profiles. This includes straight track profiles, moderate and high
speed curves with lateral, vertical and gauge width irregularities. Simple classical controllers
are used initially in these simulations. A more complex proportional integral plus (PIP)
controller is also applied to each active vehicle model. This is used to achieve the second
objective of this chapter which is to compare the relative performance of the classical and
PIP controllers. The controller that gives a better performance is then used with the active
vehicle configuration that promises the best performance for the track switch simulations in
the next chapter.
5.1 Co-simulation using MATLAB and Simpack
The controllers are run in MATLAB/ Simulink in parallel with Simpack using the SIMAT
co-simulation interface [96]. It enables the non-linear Simpack models to run in parallel with
the control mechanisms designed in Simulink for exchanging signals to close the control
loop. Both the classical and PIP controllers designed in the previous chapter are applied to
the active vehicle simulation models developed in Chapter 3 through co-simulation between
MATLAB and Simpack. An overview of the SIMAT co-simulation interface is illustrated in
Figure 5.1. The sampling frequency is set to 200 Hz for all the models which is sufficiently
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high to prevent any sampling delays because the highest system bandwidth is 2 Hz as can be
seen from Tables 4.1 and 4.3.
Figure 5.1: Co-simulation overview
The inputs and outputs to each of the Simpack models are different and are listed in Table
5.1. In the ASW configuration for example, the input to the Simpack model is the actuator
forces and the output is the wheelset longitudinal creep forces. The actuator force is the
controller output that is calculated in Simulink using the feedback signal which is the output
of the Simpack model.
Table 5.1: Inputs and outputs of Simpack SYC, ASW, DIRW models
Input signal Output/feedback signal
SYC Actuator force from Difference in lateral creep forces
vehicle body to bogie at front and rear wheelsets
ASW Actuator force from bogie to wheelset Wheelset longitudinal creep force
DIRW Motor torque on each wheel Wheelset lateral displacement wrt track
5.2 Description of track profiles
The vehicles are run on a variety of track profiles, both straight and curved with deterministic
and stochastic excitations. The deterministic inputs are an intended feature of the track
such as curve, cant or gradient variation on hills. Although gradients do not usually vary
significantly due to the consequent decrease in adhesion in the wheel-rail contact, curve and
cant variation is more common as tracks are rarely ever perfectly straight. The stochastic
inputs represent the track irregularities which are an unintended feature but are a result of
misalignment and wear.
The DynoTRAIN project developed a Virtual Test Track (VTT) toolkit which generates
a series of test tracks based on the specified vehicle speed [97]. The test tracks fall into
four zones - zone 1: straight and very large radii, zone 2: large radius curves and high cant
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deficiency, zone 3: small radius curve, zone 4: very small radius curve. The track profiles
chosen in this section are representative of sections of track as specified in the VTT. Profile
1 described below fits the zone 1 of the VTT requirements, profile 2 falls into zone 3 and
profiles 3 and 4 into zone 2. Zone 4 specifies curves between 250 m and 400 m which are
not considered here because they have very low speed restrictions. The four different track
profiles under consideration are specified below:
1. Straight track with lateral, vertical, gauge width, radius and cant stochastic dis-
turbances
The straight track profile is based on recording car data from the Paddington to Bristol
Great Western main line in the UK. It contains track irregularities in the form of
curvature and cant variation, lateral/ vertical excitation and gauge width variation.
Figure 5.2 shows the frequency distribution of the lateral disturbances of a section of
track. It can be seen that most of the stochastic disturbances are have low frequencies.
Figure 5.3 shows the vertical, gauge width, curvature and cant variation of the corre-
sponding section of track. From the figure, it can be seen that the lateral disturbances
are not centred about 0 mm, but instead by ≈ 2.5 to 3 mm.
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Figure 5.2: Frequency distribution of lateral disturbance
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Figure 5.3: Straight track profile with stochastics
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2. Curved track with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s
All of the curved track profiles are selected to have a cant deficiency of 1 m/s2 (10%
g) which is an accepted industry standard [89]. The cant deficiency or net lateral
acceleration experienced by the vehicle is calculated using the equation
a =
v2
R
−gθc (5.1)
where a is the lateral acceleration, R is the curve radius, v is the vehicle speed, g is
acceleration due to gravity and θc is the cant angle. At a moderate vehicle speed of 30
m/s and a cant angle of 4◦, the curve radius required to give a 1m/s2 cant deficiency
was calculated to be ≈ 535 m. This radius and cant is the steady state value between
90 m to 210 m from the start of the track as shown in Figure 5.4. The track profile
transitions from a straight track to the constant radius curve. The transition occurs
between 30 m and 90 m after the start of the track. This would mean that as a time-
variant profile, the transition occurs from 1 s to 3 s and the constant curve from 3 s
to 7 s. The profile transitions back into straight from 7 s to 9 s. The track cant also
transitions accordingly.
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Figure 5.4: Curved track profile with radius = 535 m, cant = 4◦
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3. Curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s
A vehicle speed of 45 m/s was chosen to analyse the performance on high speed curves.
With the same calculations as in the previous profile, the curve radius is determined
to be 1200 m. As before the there are transitions from straight to curve and back to
straight. The distances at which the profiles change from the start of the track are
changed so that the transition occurs from 1 s to 3 s and the constant curve from 3 s to
7 s as shown in Figure 5.5.
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Figure 5.5: Curved track profile with radius = 1200 m, cant = 4◦
4. Curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s with
lateral, vertical and gauge width stochastic disturbances
This track profile has the same curve and cant variation as the previous one, however it
also has lateral, vertical and gauge width stochastic disturbances as shown in Figure 5.6.
The ideal curving scenario is explained in more detail in section 2.3.The disturbances
are the same as that described in the straight track profile with stochastics. This track
profile is used to determine whether the appropriate steering torques are generated
even in the presence of disturbances on a curved track.
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Figure 5.6: Curved track profile with stochastics
5.3 Performance indicators
Control strategies for active steering are concerned with better guidance which eliminates all
unnecessary creep forces and associated wheel-rail wear to achieve near-optimal performance
of the running gear. For this reason, the longitudinal/ lateral creep forces and a wear index
(Tγ) are used as key performance indicators. In addition the wheelset lateral displacement
indicates distance from the flange and provides a geometric understanding of wheel-rail wear.
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The actuation power is calculated to realise the practical requirements of the three control
strategies. These different indicators are described in this section in more detail.
1. Lateral creep forces
The lateral creep forces generated by the front and rear wheelsets of each bogie should
ideally be similar in order that the maximum allowable speed of a vehicle can be increased
on curves. Conventionally, the front wheelset of a bogie generates most of the lateral
creep forces which limits the safe running speed of the vehicle. If the creep forces at the
two wheelsets are equalised, the maximum vehicle speed can be higher.
2. Longitudinal creep forces
Ideally the longitudinal creep force generated by each wheelset should be zero. This would
mean that the wheels are in ‘pure rolling’ motion where the relative longitudinal speeds of
the contact points on the wheel and rail are zero. In the case of a conventional solid-axle
wheelset, this is rarely the case on curves where the relative speed of the wheels on the
same axle are limited by the difference in their rolling radii. In independently-rotating
wheelsets, the wheels are able to move freely resulting in negligible longitudinal creep
forces.
3. Wheelset lateral displacement
The wheelset lateral displacement with respect to the rails should be less than 6 mm as
shown in Figure 5.7 to minimise flange contact and resultant non-linearities. Conventional
wheel profiles have been optimised for passive solid-axle wheelsets which could be
modified in the future for active vehicles.
4. Contact patch frictional energy
The energy dissipated in the wheel-rail contact patch is used to give an indication of wear.
It is denoted as T γ and is calculated for each wheelset as
T γ = Fxεx+Fyεy (5.2)
where Fx,Fy are the longitudinal and lateral creep forces and εx,εy are the longitudinal and
lateral creepages respectively [98]. T γ can be used to model rolling contact fatigue (RCF)
initiation. Rail life is dominated by RCF which can be caused by a wide variety of reasons
associated with material properties and rail wear [99]. Cracks that are initiated due to
traffic intensity and axle load can be reduced significantly by having the appropriate T γ
values [1]. Figure 5.8 shows RCF as a function of T γ . Below the fatigue threshold of 15
J/m, the energy generated in the contact patch is not sufficient to cause RCF. At very high
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Figure 5.7: Overview of wheel and rail profile.
values of T γ above 175 J/m, the rails get worn out due to the excessive energy and the
wear is the dominant form of damage instead of RCF.
Figure 5.8: RCF crack initiation function [1]
It should be noted however that this model of RCF prediction based on T γ values is only
valid for a conventional solid-axle wheelset. Such models have not yet been validated for
IRWs.
5. Actuation power
The actuation power must be achievable using an actuator physically small enough to fit
in the desired space. For example, for the SYC configuration, the actuators are fit into
the same position as a traditional secondary yaw damper. The ASW actuators need to
be similar in size to the primary longitudinal springs with which they are connected in
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parallel. Similarly, the DIRW motors need to be appropriately sized so that they can be fit
onto wheels. For all the actuators, simple indicators such as maximum force and actuation
power are used to ensure that the system is practically realisable with real actuators.
Actuator dynamics are not taken into account, which would need to be considered in
future work.
5.4 Active vehicle simulations using classical controllers
In this section the different actively steered vehicles are compared to the passive vehicle and
to each other. Only the simple classical controllers are used for these simulations. The PIP
controller simulations are in the next section. The front bogie graphs are discussed here. The
rear bogie behaves similar to the front bogie and all the graphs from the rear bogie are in
Appendix B.
5.4.1 SYC
Figures 5.9 to 5.12 show the wheelset lateral displacement, lateral creep forces, longitudinal
creep forces of the SYC vehicle compared to the passive vehicle in all the track scenarios
under consideration. The total torque applied to each bogie is also shown.
On the curved track with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s, the
lateral creep forces of the front and rear wheelsets of the front bogie on the SYC vehicle are
equalised as shown in Figure 5.9a. However, in order to achieve this, the front wheelset is
laterally displaced by ≈6 mm as shown in Figure 5.9c which means that it approaches the
flanges on the curve. The longitudinal creep forces of both the front and rear wheelsets are
very similar to that of the passive vehicle as shown in Figure 5.9b. The results indicate that
the controller successfully works to drive the difference in the lateral creep forces of the front
and rear wheelsets to zero, but results in flange contact by doing so which gives an overall
poor performance.
Figure 5.10 shows the response of the SYC vehicle on the high speed curve. The
difference between the front and rear wheelset lateral creep forces are driven to zero again as
shown in Figure 5.10a. The resultant high wheelset lateral displacement and longitudinal
creep forces can also be seen in Figures 5.10c and 5.10b respectively. The SYC vehicle hits
the flange on the front wheelset and has a residual lateral displacement after the transition
to straight track. This is contributing to the undesirably high longitudinal creep forces. The
control torque is higher than in the previous track profile as can be seen from Figures 5.9d
and 5.10d. This is because of a bigger difference in the lateral creep forces of the front and
rear wheelsets. Logically however, the torque should be lower on a curve with a shallower
radius. This further shows that the SYC mechanism generates unnecessary creep forces.
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Figure 5.9: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle compared to the passive vehicle on curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.9d shows
the total yaw torque acting on each bogie of the SYC vehicle.
Figure 5.11 shows the response of the SYC vehicle on the high speed curve with stochas-
tics. For this track case in all the different vehicle simulations, the start of the track profile
is defined as a straight track without any stochastics to allow the vehicle some transition
length. Therefore although the simulation starts at 0 s, the figures are zoomed in to lend more
visual clarity to the graphs. It can be seen from Figure 5.11a that the controller reduces the
difference between the lateral creep forces of the front and rear wheelsets even in the presence
of disturbances. The longitudinal creep forces and the wheelset lateral displacements are
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Figure 5.10: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.10d shows
the total yaw torque acting on each bogie of the SYC vehicle.
largely similar to the passive vehicle as shown in Figures 5.11b and 5.11c. The wheelsets
on both vehicles are approaching flange contact. Comparing the torque requirement in the
previous case with this case as shown in Figures 5.10d and 5.11d respectively, it can be seen
that the maximum torque required on a curved track without any stochastics is higher than
that on a curved track with stochastics. This is an interesting result as the latter is a more
realistic track scenario.
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Figure 5.11: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width stochastics.
The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.11d shows the total yaw torque acting on each bogie of
the SYC vehicle.
Figure 5.12 shows the response of the SYC vehicle on the straight track profile with
stochastics. Here again as in the previous case, a length of track at the beginning is used for
all the vehicle simulations to transition from a perfectly smooth track to one with stochastics.
The figures have been zoomed in for visual clarity. The difference in the lateral creep forces
of the front and rear wheelsets is shown in Figure 5.12a instead of the individual forces to
show the clear decrease in the SYC vehicle compared to the passive vehicle.
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This is achieved at the cost of higher longitudinal creep forces and wheelset lateral displace-
ment as shown in Figures 5.12b and 5.12c. The lateral displacement is not centred about 0
mm because the lateral excitation in this particular section of track is not centred about 0 mm
as can be seen clearly from Figure 5.3.
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Figure 5.12: Longitudinal creep force and lateral displacement response of the SYC vehicle
compared to the passive vehicle on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.12a compares the difference in the lateral creep forces of
the front and rear wheelsets of the SYC and passive vehicles. Figure 5.12d shows the total
yaw torque acting on each bogie of the SYC vehicle.
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5.4.2 ASW
Figure 5.13d compares the response of the ASW vehicle to the passive vehicle on a curve
with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s. The controller in the ASW
mechanism aims to reduce the longitudinal creep forces which are significantly lower than
the passive vehicle as shown in Figure 5.13b. The difference in the lateral creep forces at the
front and rear wheelsets is marginally higher in the steady states than the passive vehicle,
but lower in the transition periods as can be seen in Figure 5.13a. Both wheelsets maintain
minimum flange contact as shown by the wheelset lateral displacement in Figure 5.13c. The
actuator force is quite high due to the small curve radius as shown in Figure 5.13d.
Figure 5.14 shows the response of the ASW vehicle on the curve with radius = 1200
m, cant = 4◦ and vehicle speed = 45 m/s. Figure 5.14b shows that the longitudinal creep
forces are successfully reduced to zero in the steady states and are significantly lower than
the passive vehicle during transitions. The difference in the lateral creep forces at the front
and rear wheelsets is also lower than that of a passive vehicle as shown in Figure 5.14a. The
wheelset lateral displacement is significantly reduced and both wheelsets avoid flange contact
as shown in Figure 5.14c. Comparing Figures 5.14d and 5.13d shows that the actuator forces
are still quite high but lower than the previous track scenario, peaking at about 50 kNm for
the front wheelset. The actuator forces can be reduced further by placing the actuator in
series with the longitudinal springs [31].
Figure 5.15 shows the ASW vehicle on the high speed curve with stochastics. The figures
are zoomed in to show only the transition periods and the constant curved track profile
response. A similar trend to the previous track profile is observed in Figures 5.15a, 5.15b and
5.15c where an overall improvement is seen in terms of reduction in the difference in lateral
creep forces between the front and rear wheelsets, reduction in longitudinal creep forces and
wheelset lateral displacements. From Figure 5.15d it is interesting to note that the actuator
forces are lower than in the previous track scenario indicating that the ASW actuation power
may be lower on a real track scenario than on an ideal curve without any stochastics.
Figure 5.16 shows the response of the ASW vehicle on the straight track profile with
stochastics. The ASW vehicle has a significantly lower longitudinal creep forces and wheelset
lateral displacements than the passive vehicle as shown in Figures 5.16b and 5.16c. Figure
5.16a shows the lateral creep force difference of the front and rear wheelsets instead of the
individual graphs to show the clear decrease in the ASW vehicle compared to the passive
vehicle.
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Figure 5.13: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle compared to the passive vehicle on curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.13d shows
the left ASW actuator forces on the front and rear wheelsets of the front bogie.
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Figure 5.14: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle compared to the passive vehicle on curved track with radius = 1200
m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.14d shows
the left ASW actuator forces on the front and rear wheelsets of the front bogie.
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Figure 5.15: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width stochastics.
The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.15d shows the left ASW actuator forces on the front and
rear wheelsets of the front bogie.
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Figure 5.16: Longitudinal creep force and lateral displacement response of the ASW vehicle
compared to the passive vehicle on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.16a compares the difference in the lateral creep forces of
the front and rear wheelsets of the ASW and passive vehicles. Figure 5.16d shows the left
ASW actuator forces on the front and rear wheelsets of the front bogie.
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5.4.3 DIRW
Figure 5.17 shows the response of the DIRW vehicle on a curve with radius = 535 m, cant =
4◦ and vehicle speed = 30 m/s. The controller in the DIRW mechanism aims to reduce the
wheelset lateral displacement to zero. Figure 5.17c shows that the lateral displacement is
significantly reduced compared to the passive vehicle on the steady states. The DIRW vehicle
also shows lower longitudinal creep forces on the steady states as can be seen in Figure
5.17b. The DIRW concept relies on motor torques generating longitudinal creep forces to
provide a yawing action to the wheelset. The longitudinal creep forces are lower than that
of a conventional vehicle because only the forces necessary for steering are generated and
not those compensating for the kinematic steering effects. Conventionally, large unnecessary
longitudinal creep forces are generated due to the sub-optimal performance of the suspension.
If the wheelset lateral displacement is not controlled to go to zero, the longitudinal creep
forces can be reduced further. The difference in the lateral creep forces of front and rear
wheelsets is also reduced as shown in Figure 5.17a. The motor torques peak at about 6 kNm
for each wheelmotor as shown in Figure 5.17d. The low actuation requirement is due to the
fact that the wheels are able to rotate independently of each other and therefore have very
low slip compared to a solid-axle wheelset. The lower longitudinal creep forces are also
indicative of this low slip.
Figure 5.18 shows the response of the DIRW vehicle on the high speed curve with radius
= 1200 m, cant = 4◦ and vehicle speed = 45 m/s. An overall improvement is seen in the
DIRW vehicle response compared to the passive vehicle in terms of reduced lateral creep
force difference of the front and rear wheelsets and lower longitudinal creep forces and
wheelset lateral displacements in Figures 5.18a, 5.18b and 5.18c. The torque requirement in
this scenario is lower than in the previous track profile as can be seen by comparing Figures
5.18d and 5.17d which is expected due to the shallower curve radius.
Figure 5.19 shows the response of the DIRW vehicle on the high speed curve with
stochastic disturbances. The graphs have been zoomed in to show only the constant curve and
the transitions for visual clarity. It can be seen from Figure 5.19c the controller successfully
reduces the wheelset lateral displacement even in the presence of track disturbances. The
longitudinal creep forces are reduced as shown in Figure 5.19b. The difference in lateral
creep forces at the front and rear wheelsets is lower than in the passive vehicle as shown in
Figure 5.19a. The torque requirement is marginally higher as shown in Figure 5.19d than on
the curve without any stochastics.
Figure 5.20 shows the response of the DIRW vehicle on the straight track profile with
stochastic disturbances. The lateral wheelset displacement is significantly lower than the
passive vehicle as shown in Figure 5.20c. The longitudinal creep forces and the lateral creep
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Figure 5.17: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle compared to the passive vehicle on curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.17d shows
the right DIRW motor forces on the front and rear wheelsets of the front bogie.
force difference between the front and rear wheelsets is also lower as can be seen from
Figures 5.20b and 5.20a respectively.
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Figure 5.18: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle compared to the passive vehicle on curved track with radius = 1200
m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.18d shows
the right DIRW motor forces on the front and rear wheelsets of the front bogie.
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Figure 5.19: Lateral creep force, longitudinal creep force and lateral displacement response of
the DIRW vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width stochastics.
The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.19d shows the right DIRW motor forces on the front and
rear wheelsets of the front bogie.
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Figure 5.20: Longitudinal creep force and lateral displacement response of the DIRW vehicle
compared to the passive vehicle on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.20a compares the difference in the lateral creep forces of
the front and rear wheelsets of the DIRW and passive vehicles. Figure 5.20d shows the right
DIRW motor forces on the front and rear wheelsets of the front bogie.
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5.4.4 Wheel-rail wear
The wheel-rail wear is assessed in terms of the energy dissipated in the contact patch which is
denoted as T γ . Graphical T γ results are in Appendix B. Average T γ values of each wheelset
in the four different vehicles on the track profiles under consideration are given in Table 5.2.
The total T γ values are also expressed as a percentage of the passive vehicle in each scenario.
The SYC vehicle has very high values of T γ , higher in several track profiles than the
passive vehicle. This is due to the high longitudinal creep forces generated when the wheelsets
make flange contact by displacing laterally to reduce the lateral creep force difference between
the front and rear wheelsets to zero. Although it controls the lateral creep force difference as
expected, it does not provide the best overall performance.
From the graphs in section 5.4.2, it was deduced that the ASW vehicle has lower longi-
tudinal creep forces, lateral creep force difference and wheelset lateral displacement. This
contributes to the lower T γ values than the passive vehicle in all the track scenarios under
consideration as can be seen in Table 5.2.
The DIRW vehicle has even lower values of T γ . This can be attributed to the fact that
IRWs generate low longitudinal creep forces due to the absence of a rigid connection between
the two wheels on the same axle. If the wheelset lateral displacement is not controlled to zero,
the longitudinal creep forces can be further reduced which would contribute to a lower wear
index value. However, from all the graphical results it can be seen that the DIRW vehicle has
lower wheelset lateral displacement, longitudinal creep forces and a reduced difference in the
lateral creep forces between the front and rear wheelsets than the passive vehicle. The torque
requirement of the DIRW mechanism is also lower than that of the other active vehicles due
to the absence of the constraints from a solid-axle wheelset.
In terms of RCF initiation due to wear, the values in bold in Table 5.2 are above the RCF
threshold. It can be seen that most of the values that exceed the threshold are those of the
passive and SYC vehicles.
The SYC vehicle has less implications in terms of safety than the ASW vehicle due to be-
ing in the secondary suspension but does not offer a significant improvement in performance.
It is interesting to note that the DIRW vehicle requires the most radical change but promises
the best performance.
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Table 5.2: Average T γ values on the different track profiles considered using classical
controllers. Note that the units for the T γ values is J/m. Values in bold are those above the
RCF threshold.
Curved track at R=1200 m, v=45 m/s
Passive SYC ASW DIRW
Front bogie front WS 30.03 21.55 9.92 0.15
Front bogie rear WS 10.25 0.64 1.77 0.08
Rear bogie front WS 1.72 59.92 1.22 1.49
Rear bogie rear WS 3.62 15.82 12.37 5.89
Total T γ on all WSs 45.62 97.94 25.29 7.61
Percentage of passive 100 222.24 57.38 17.27
Curved track at R=534.52 m, v=30 m/s
Passive SYC ASW DIRW
Front bogie front WS 84.47 16.85 15.44 1.13
Front bogie rear WS 4.99 2.10 0.24 0.84
Rear bogie front WS 26.16 48.94 1.56 10.23
Rear bogie rear WS 39.38 6.62 27.78 10.48
Total T γ on all WSs 155.00 74.52 45.02 22.67
Percentage of passive 100 48.08 29.05 14.63
Curved track with stochastics at R=1200 m, v=45 m/s
Passive SYC ASW DIRW
Front bogie front WS 13.59 22.42 10.45 1.39
Front bogie rear WS 12.31 1.19 2.18 0.63
Rear bogie front WS 0.57 59.42 1.23 2.20
Rear bogie rear WS 17.08 15.50 13.39 4.86
Total T γ on all WSs 43.55 98.52 27.25 9.08
Percentage of passive 100 226.25 62.57 20.86
Straight track with stochastics
Passive SYC ASW DIRW
Front bogie front WS 0.81 15.22 3.89 1.21
Front bogie rear WS 18.99 13.52 3.04 2.89
Rear bogie front WS 0.34 24.19 2.05 7.70
Rear bogie rear WS 17.39 47.83 6.79 3.63
Total T γ on all WSs 37.53 100.76 15.77 15.43
Percentage of passive 100 268.48 42.02 41.11
5.4 Active vehicle simulations using classical controllers 105
5.4.5 Actuation requirements
The maximum force/ torque output from the actuators in each of the active vehicles is given
in Table 5.3. The ‘straight track’ values are those obtained from the straight track profile
with stochastics and the ‘curved track’ is the track profile with radius = 1200 m, cant =
4◦ and vehicle speed = 45 m/s. Some examples of actuators that could be used in each
application are also listed which shows that the required control force is achievable using
readily available actuators of reasonable power consumption.
Power requirement is lowest for SYC vehicle on straight track due to the natural guidance
mechanism of wheelsets as on a conventional vehicle. The DIRW mechanism power require-
ment is also much lower on straight track compared to the ASW mechanism as the control is
not acting against the natural guidance of the wheelsets. In the curved track scenario, the
transition period is fairly slow, leading to a low maximum velocity of the actuator for the
SYC and ASW vehicles. The power consumption for the DIRW mechanism is still high
because power is still required to drive one of the wheels faster and the other slower to follow
the track centre line. The velocities of the two wheels on a single wheelset are not equal and
opposite about the nominal velocity due to a net lateral displacement when the vehicle is
negotiating a curve. This lateral displacement is necessary to provide the appropriate lateral
creep forces. The power from the decelerating wheel is considered to be used to drive the
accelerating wheel. It is important to note that although the maximum per wheel power
consumption in the DIRW mechanism is 1.55 kW, this is only for a very short period during
the transition from straight to curved track. On steady state it is approximately 200 W which
is fractional compared to the power consumption of each wheel to drive the vehicle which is
≈ 100 kW 1.
In spite of the higher power requirement of the DIRW vehicle on a curved track, it
appears to give the best solution. It shows the most significant improvement compared to a
conventional vehicle in terms of reduced wear and minimal flange contact with much less
actuation effort than the ASW mechanism which offers the next best performance.
1This is calculated based on an acceleration of 0.5 m/s2 from P = mass×acceleration× velocity where
the vehicle velocity is 45 m/s and the mass on each wheel is ≈ 4300 kg.
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5.5 Active vehicle simulations using PIP controllers
In this section, the SYC, ASW and DIRW vehicles are compared to the passive vehicle and
to each other using the PIP controller designed in Chapter 4. As with the classical controllers,
only the front bogie plots are presented and discussed here. The rear bogie dynamics were
found to be largely similar to the dynamics of the front bogie in the classical case and
therefore and the graphs from the rear bogie are not included for the PIP simulations.
5.5.1 SYC
On the curved track profile with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s, the
PIP controller in the SYC vehicle reduces the difference in lateral creep forces at the front
and rear wheelsets to zero effectively as shown in Figure 5.21a. The longitudinal creep forces
are similar to the passive vehicle as shown in Figure 5.21b. The wheelset lateral displacement
graphs in Figure 5.21c show that the front wheelset makes flange contact.
Figure 5.22 shows the response of the SYC vehicle on a curve with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s. The wheelset lateral displacement graphs in Figure
5.22c show that the wheelsets on the SYC vehicle sit against the flanges resulting in high
longitudinal creep forces as shown in Figure 5.22b. Comparing Figures 5.21d and 5.22d
which show the actuation torques on the 30 m/s and 45 m/s curves respectively, it can be seen
that the requirement for the latter scenario is higher. This is unusual as the torque should
be lower for a curve of larger radius, indicating that the SYC mechanism is inefficient in
terms of using much of the torque to “fight" against the natural guidance of the solid-axle
wheelsets and therefore generating unnecessary longitudinal creep forces.
Figure 5.23 shows the response of the SYC vehicle on the high speed curve with stochas-
tics. The figures have been zoomed in to show only the curve transitions and steady state.
From Figure 5.23a it can be seen that the PIP controller successfully reduces the difference in
the lateral creep forces at the front and rear wheelset. Figure 5.23c shows that the wheelsets
on both the SYC and passive vehicles make flange contact. The longitudinal creep forces of
both vehicles are in a similar range as can be seen in Figure 5.23b. The torque requirement is
marginally higher as shown in Figure 5.23d than the previous case which is expected due to
the addition of stochastics.
Figure 5.24 shows the response of the SYC vehicle on the straight track profile with
stochastics. The figures have been zoomed in for visual clarity. From Figure 5.24a it can
be seen that the PIP controller successfully reduces the difference in the lateral creep forces
at the front and rear wheelset. Figures 5.24c and 5.24b show that the SYC vehicle has a
larger wheelset lateral displacement and longitudinal creep forces than the passive vehicle.
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Figure 5.21: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle compared to the passive vehicle on curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.21d shows
the total yaw torque acting on each bogie of the SYC vehicle.
The lateral displacement is not centred about 0 mm because the lateral track excitation is not
centred about 0 mm.
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Figure 5.22: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.22d shows
the total yaw torque acting on each bogie of the SYC vehicle.
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Figure 5.23: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width stochastics.
The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.23d shows the total yaw torque acting on each bogie of
the SYC vehicle.
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Figure 5.24: Longitudinal creep force and lateral displacement response of the SYC vehicle
compared to the passive vehicle on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.24a compares the difference in the lateral creep forces of
the front and rear wheelsets of the SYC and passive vehicles. Figure 5.24d shows the total
yaw torque acting on each bogie of the SYC vehicle.
112 Active vehicle non-linear model simulations
5.5.2 ASW
Figure 5.25 shows the response of the ASW vehicle on the curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The PIP controller in the ASW vehicle successfully
reduces the longitudinal creep forces to zero as can be seen from Figure 5.25b. The difference
between the lateral creep forces at the front and rear wheelsets is lesser than that of the
passive vehicle during curve transitions but slightly higher on the steady states as shown
in Figure 5.25a. The wheelset lateral displacements graphs in Figure 5.25c show that both
wheelsets stay clear of the flange although the rear wheelset has a higher lateral displacement
than in the passive vehicle.
On the high speed curve, the longitudinal creep forces are significantly lower than the
passive vehicle during curve transitions and successfully reduced to zero on the steady states
as shown in Figure 5.26b. Figure 5.26c shows that the wheelset lateral displacement on
the DIRW vehicle is significantly lower than that of the passive vehicle. The difference in
lateral creep forces at the front and rear wheelsets are also reduced as shown in Figure 5.26a.
Comparing Figures 5.25d and 5.26d shows that the force requirement for the shallower curve
is lower, which is logically expected.
Figure 5.27 shows the response of the ASW vehicle on the high speed curve with
stochastics using a PIP controller. As can be seen from Figure 5.27b the longitudinal creep
forces are significantly lower than the passive vehicle. The wheelset lateral displacement and
the difference in lateral creep forces between the front and rear wheelsets are also lower than
the passive vehicle as can be seen from Figures 5.27c and 5.27a respectively.
On the straight track profile with stochastics, the longitudinal creep forces are lower
than the passive vehicle as shown in Figure 5.28b. Figures 5.28a and 5.28c show that the
difference in lateral creep forces at the front and rear wheelsets and the wheelset lateral
displacement is lower than the passive vehicle.
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Figure 5.25: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle compared to the passive vehicle on curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.25d shows
the left ASW actuator forces on the front and rear wheelsets of the front bogie.
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Figure 5.26: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle compared to the passive vehicle on curved track with radius = 1200
m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.26d shows
the left ASW actuator forces on the front and rear wheelsets of the front bogie.
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Figure 5.27: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width stochastics.
The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.27d shows the left ASW actuator forces on the front and
rear wheelsets of the front bogie.
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Figure 5.28: Longitudinal creep force and lateral displacement response of the ASW vehicle
compared to the passive vehicle on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.28a compares the difference in the lateral creep forces of
the front and rear wheelsets of the ASW and passive vehicles. Figure 5.28d shows the left
ASW actuator forces on the front and rear wheelsets of the front bogie.
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5.5.3 DIRW
The PIP controller was applied to the DIRW vehicle on the four different track profiles under
consideration. Figure 5.29 shows the response of the DIRW vehicle on the curved track with
radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s. Figure 5.29c shows that wheelset
lateral displacements are reduced with both wheelsets maintaining minimum flange contact.
The longitudinal creep forces are lower than the passive vehicle on the curve steady state
and marginally higher on curve transitions as shown in Figure 5.29b. The lateral creep force
difference between the front and rear wheelset is significantly reduced in the transitions while
the reduction is less in the steady states as shown in Figure 5.29a.
On the high speed curve, the longitudinal creep forces of the DIRW vehicle are lower
than that of the passive vehicle as shown in Figure 5.30b. The lateral creep force difference
between the front and rear wheelsets is lower than the passive vehicle in the steady state
but marginally higher in the transitions as shown in Figure 5.30a. The wheelset lateral
displacement is also lower than the passive vehicle and both wheelsets maintain minimal
flange contact as shown in Figure 5.30c. The torque requirement is fairly similar on both
curved track profiles as shown in Figures 5.29d and 5.30d with a slightly lower requirement
on the steady state of the high speed curve which is expected due to the shallow radius.
On the curved track with stochastics, it can be seen from Figure 5.31c that the PIP
controller successfully reduces the wheelset lateral displacement. The lateral creep force
difference between the front and rear wheelsets and the longitudinal creep forces are also
reduced as shown in Figures 5.31a and 5.31b.
Figure 5.32 shows the response of the DIRW vehicle using a PIP controller on the straight
track profile with stochastics. There is a clear decrease in the wheelset lateral displacement
as shown in Figure 5.32c. A reduction in the lateral creep force difference between the front
and rear wheelsets can also be seen in Figure 5.32a. There is a decrease in the longitudinal
creep force of the front wheelset compared to that of the passive vehicle, however the front
wheelset longitudinal creep forces are similar as shown in Figure 5.32b.
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Figure 5.29: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle compared to the passive vehicle on curved track with radius = 535 m,
cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.29d shows
the right DIRW motor forces on the front and rear wheelsets of the front bogie.
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Figure 5.30: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle compared to the passive vehicle on curved track with radius = 1200
m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the graph
labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.30d shows
the right DIRW motor forces on the front and rear wheelsets of the front bogie.
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Figure 5.31: Lateral creep force, longitudinal creep force and lateral displacement response of
the DIRW vehicle compared to the passive vehicle on curved track with radius = 1200 m,
cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width stochastics.
The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.31d shows the right DIRW motor forces on the front and
rear wheelsets of the front bogie.
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Figure 5.32: Longitudinal creep force and lateral displacement response of the DIRW vehicle
compared to the passive vehicle on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.32a compares the difference in the lateral creep forces of
the front and rear wheelsets of the DIRW and passive vehicles. Figure 5.32d shows the right
DIRW motor forces on the front and rear wheelsets of the front bogie.
5.5.4 Wheel-rail wear
From the average T γ values using the PIP controllers listed in Table 5.4 it can be seen that
the trends are similar to those observed from using the classical controllers. The DIRW
vehicle generally has the lowest wear levels, followed by the ASW vehicle. The SYC vehicle
generally has a worse wear than the passive vehicle, except perhaps on moderate speed
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curves. The values in bold in the table are indicative of those above the RCF threshold. It
can be seen that most of these undesirable values are for the passive and SYC vehicles.
Table 5.4: Average T γ values using the PIP controllers on the different track profiles consid-
ered. Note that the units for the T γ values is J/m. Values in bold are those above the RCF
threshold.
Curved track at R=1200 m, v=45 m/s
Passive SYC ASW DIRW
Front bogie front WS 30.03 6.49 6.12 0.05
Front bogie rear WS 10.25 4.34 1.41 3.07
Rear bogie front WS 1.72 35.17 0.86 2.06
Rear bogie rear WS 3.62 31.99 8.27 5.05
Total T γ on all WSs 45.62 77.98 16.65 10.23
Percentage of passive 100 176.94 37.77 23.22
Curved track at R=534.52 m, v=30 m/s
Passive SYC ASW DIRW
Front bogie front WS 84.47 7.22 10.17 1.68
Front bogie rear WS 4.99 2.65 0.78 1.07
Rear bogie front WS 26.16 28.86 1.58 2.68
Rear bogie rear WS 39.38 6.62 18.22 10.72
Total T γ on all WSs 155.00 45.35 30.76 16.14
Percentage of passive 100 29.26 19.84 10.41
Curved track with stochastics at R=1200 m, v=45 m/s
Passive SYC ASW DIRW
Front bogie front WS 13.59 8.58 6.37 1.17
Front bogie rear WS 12.31 5.62 1.88 3.61
Rear bogie front WS 0.57 31.46 0.54 2.58
Rear bogie rear WS 17.08 27.43 10.15 4.93
Total T γ on all WSs 43.55 73.09 18.95 12.29
Percentage of passive 100 167.85 43.52 28.22
Straight track with stochastics
Passive SYC ASW DIRW
Front bogie front WS 0.81 6.68 0.59 7.22
Front bogie rear WS 18.99 11.69 4.73 2.57
Rear bogie front WS 0.34 12.47 1.41 5.84
Rear bogie rear WS 17.39 25.73 6.44 1.87
Total T γ on all WSs 37.53 56.57 13.17 17.51
Percentage of passive 100 150.73 35.09 46.66
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5.6 Comparison of controllers
In this section the classical and PIP controller performances are compared on each of the
four track profiles under consideration.
5.6.1 SYC
Figures 5.33 to 5.36 compare the lateral creep force, longitudinal creep force, wheelset lateral
displacement and actuation forces using the two controllers on the SYC vehicle simulated on
the four track scenarios.
The lateral creep force, longitudinal creep force and wheelset lateral displacement re-
sponses using the two controllers are largely similar on the 30 m/s curve as can be seen from
Figures 5.33a, 5.33b and 5.33c. The torque using the PIP controller is marginally higher than
with the classical controller as shown in Figure 5.33d
On the 45 m/s curve, there is an increase in the lateral creep forces using the PIP
controllers during curve transitions as can be seen in Figure 5.34a, which is due to a lower
actuation torque as shown in Figure 5.34d. The wheelset lateral displacements and the
longitudinal creep forces achieved using both controllers are similar as shown in Figures
5.34c and 5.34b. On the straight track profile, the longitudinal creep forces on the front
wheelset using the PIP controller are considerably lower than using the classical PI controller.
The graphical results from using both controllers on the curved track with stochastics are
very similar as shown in Figure 5.35.
On the straight track with stochastics, the PIP controller removes some of the big lateral
displacements (occurring between 3.5 s and 5 s) as shown in Figure 5.36c. The longitudinal
creep force of the front wheelset is significantly reduced using the PIP controller as shown in
Figure 5.36b. Figure 5.36d shows that the torque requirement using the PIP controller is also
marginally lower.
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Figure 5.33: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle using classical and PIP controllers on the curved track with radius =
535 m, cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the
graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.33d
shows the total yaw torque acting on each bogie of the SYC vehicle.
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Figure 5.34: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle using classical and PIP controllers on the curved track with radius =
1200 m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the
graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.34d
shows the total yaw torque acting on each bogie of the SYC vehicle.
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Figure 5.35: Lateral creep force, longitudinal creep force and lateral displacement response
of the SYC vehicle using classical and PIP controllers on the curved track with radius
= 1200 m, cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width
stochastics. The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’,
‘rear wheelset’ and ‘passive’ respectively. Figure 5.35d shows the total yaw torque acting on
each bogie of the SYC vehicle.
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Figure 5.36: Longitudinal creep force and lateral displacement response of the SYC vehicle
using classical and PIP controllers on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.36a compares the difference in the lateral creep forces of
the front and rear wheelsets of the SYC and passive vehicles. Figure 5.36d shows the total
yaw torque acting on each bogie of the SYC vehicle.
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5.6.2 ASW
Figures 5.37 to 5.40 show the creep forces, wheelset lateral displacement and actuation forces
from applying the PIP and classical PI controllers on the ASW vehicle simulated on the four
different track profiles under consideration. On the 30 m/s curve, the PIP controller gives a
smoother response during curve transitions than the PI controller. The lateral creep force,
longitudinal creep force and wheelset lateral displacement using both controllers are largely
similar as shown in Figures 5.37a, 5.37b and 5.37c. The force requirement using the PIP
controller is less than when using the classical controllers as shown in Figure 5.37d.
On the high speed curve, the PIP controller gives marginally higher lateral and longitudi-
nal creep forces on the curve transitions as shown in Figures 5.38a and 5.38b respectively.
Both controllers give similar wheelset lateral displacement as shown in Figure 5.38c. Figure
5.38d shows that the force requirement of the front wheelset using the PIP controller is lower
than with the PI controller, however that of the rear wheelset is slightly higher using the PIP
controller than with the PI controller.
Figures 5.39 and 5.40 show the response of the ASW vehicle using both controllers on
the curved track with stochastics and the straight track with stochastics respectively. There is
no significant difference in the graphical results. From Figure 5.40d it can be seen that the
force requirement of the front wheelset is lower using the PIP controller but that of the rear
wheelset is higher.
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Figure 5.37: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle using classical and PIP controllers on the curved track with radius =
535 m, cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the
graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.37d
shows the left ASW actuator forces on the front and rear wheelsets of the front bogie.
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Figure 5.38: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle using classical and PIP controllers on the curved track with radius =
1200 m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the
graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.38d
shows the left ASW actuator forces on the front and rear wheelsets of the front bogie.
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Figure 5.39: Lateral creep force, longitudinal creep force and lateral displacement response
of the ASW vehicle using classical and PIP controllers on the curved track with radius
= 1200 m, cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width
stochastics. The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’,
‘rear wheelset’ and ‘passive’ respectively. Figure 5.39d shows the left ASW actuator forces
on the front and rear wheelsets of the front bogie.
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Figure 5.40: Longitudinal creep force and lateral displacement response of the ASW vehicle
using classical and PIP controllers on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.40a compares the difference in the lateral creep forces of
the front and rear wheelsets of the ASW and passive vehicles. Figure 5.40d shows the left
ASW actuator forces on the front and rear wheelsets of the front bogie.
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5.6.3 DIRW
Figures 5.41 to 5.44 show the creep forces, wheelset lateral displacement and motor torque
response of the DIRW vehicle using the PIP controller and the classical PA plus I controller
on the four track profiles considered.
On the curved track with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s, the
lateral creep force in Figure 5.41a shows that both controllers give a similar response during
the curve and the transitions, however after the transition onto straight track i.e. after
approximately 10 s, there is a residual lateral creep force on both wheelsets. The longitudinal
creep force of both wheelsets using the PIP controller is lower during the curve transitions
but higher on the steady states as shown in Figure 5.41b. The torque requirement is also
higher using the PIP controller during the steady states as shown in Figure 5.41d. This is
because the torque is used to generate the higher longitudinal creep forces which provide
a greater steering action than the classical controller. For this reason the wheelset lateral
displacement in the steady state is smaller using the PIP controller as can be seen from Figure
5.41c.
The responses are very similar for the high speed curve and the curved track profile with
stochastics as shown in Figures 5.42 and 5.43 respectively.
On the straight track profile with stochastics, it can be seen from Figure 5.44a that the
PIP controller reduces the lateral creep force difference between the two wheelsets more
effectively than the PA plus I controller. The longitudinal creep forces, wheelset lateral
displacements and motor torques using both controllers look very similar as shown in Figures
5.44b, 5.44c and 5.44d.
134 Active vehicle non-linear model simulations
0 2 4 6 8 10 12 14
−1
−0.5
0
0.5
1
1.5
2
·104
Time (s)
L
at
er
al
cr
ee
p
fo
rc
e
(N
)
FWS-PIP
RWS-PIP
FWS-PA+I
RWS-PA+I
(a)
0 2 4 6 8 10 12 14
−3
−2
−1
0
1
2
3
·104
Time (s)
L
on
gi
tu
di
na
lc
re
ep
fo
rc
e
(N
)
FWS-PIP
RWS-PIP
FWS-PA+I
RWS-PA+I
(b)
0 2 4 6 8 10 12 14
−8
−6
−4
−2
0
2
4
6
·10−3
Time (s)
L
at
er
al
di
sp
la
ce
m
en
t(
m
)
FWS-PIP
RWS-PIP
FWS-PA+I
RWS-PA+I
(c)
0 2 4 6 8 10 12 14
−6,000
−4,000
−2,000
0
2,000
4,000
6,000
Time (s)
To
rq
ue
(N
m
)
Front right-PIP
Rear right-PIP
Front right-PA+I
Rear right-PA+I
(d)
Figure 5.41: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle using classical and PIP controllers on the curved track with radius =
535 m, cant = 4◦ and vehicle speed = 30 m/s. The notations FWS,RWS and psv used in the
graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.41d
shows the right DIRW motor forces on the front and rear wheelsets of the front bogie.
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Figure 5.42: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle using classical and PIP controllers on the curved track with radius =
1200 m, cant = 4◦ and vehicle speed = 45 m/s. The notations FWS,RWS and psv used in the
graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively. Figure 5.42d
shows the right DIRW motor forces on the front and rear wheelsets of the front bogie.
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Figure 5.43: Lateral creep force, longitudinal creep force and lateral displacement response
of the DIRW vehicle using classical and PIP controllers on the curved track with radius
= 1200 m, cant = 4◦ and vehicle speed = 45 m/s, with lateral, vertical and gauge width
stochastics. The notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’,
‘rear wheelset’ and ‘passive’ respectively. Figure 5.43d shows the right DIRW motor forces
on the front and rear wheelsets of the front bogie.
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Figure 5.44: Longitudinal creep force and lateral displacement response of the DIRW vehicle
using classical and PIP controllers on the straight track with stochastic disturbances. The
notations FWS,RWS and psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’
and ‘passive’ respectively. Figure 5.44a compares the difference in the lateral creep forces of
the front and rear wheelsets of the DIRW and passive vehicles. Figure 5.44d shows the right
DIRW motor forces on the front and rear wheelsets of the front bogie.
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5.6.4 Wheel-rail wear
Table 5.5 lists the difference in T γ values using the classical and those from using PIP
controllers. The negative values indicate the decrease in wear using the PIP controllers
compared to using the classical controllers. The sum total reduction in wear using the PIP
controller is expressed as a percentage of the wear of the passive vehicle. So for example a
value of -45.29 % means that the PIP controller reduces the wear by 45.29 % of the wear on
the passive vehicle. Likewise, a value of 5.96 % means that the PIP controller increases the
wear by 5.96 % of the wear on the passive vehicle.
Figure 5.45 presents the key tabular data pictorically. As can be seen, the PIP controllers
produce an overall reduction in wear in the SYC and ASW vehicles on all the track profiles
under consideration. There is a marginal increase of 5-7% using the PIP controller on the
DIRW vehicle in some of the track scenarios. This is not considered to be significant and the
overall performance using the PIP controller is better than using the classical controllers.
Table 5.5: The table provides the difference between the T γ values using the classical and
PIP controllers. Note that the units for the T γ values is J/m.
Curved track at R=1200 m, v=45 m/s
SYC ASW DIRW
Front bogie front WS -15.06 -3.81 -0.10
Front bogie rear WS 3.69 -0.36 3.00
Rear bogie front WS -24.75 -0.36 0.58
Rear bogie rear WS 16.17 -4.10 -0.84
Total T γ on all WSs -19.96 -8.64 2.63
Percentage of passive -45.29 -19.61 5.96
Curved track at R=534.52 m, v=30 m/s
SYC ASW DIRW
Front bogie front WS -9.64 -5.27 0.55
Front bogie rear WS 0.55 0.54 0.23
Rear bogie front WS -20.08 0.02 -7.56
Rear bogie rear WS 0.00 -9.56 0.25
Total T γ on all WSs -29.17 -14.27 -6.53
Percentage of passive -18.82 -9.20 -4.21
Curved track with stochastics at R=1200 m, v=45 m/s
SYC ASW DIRW
Front bogie front WS -13.84 -4.08 -0.22
Front bogie rear WS 4.43 -0.29 2.98
Rear bogie front WS -27.95 -0.69 0.38
Rear bogie rear WS 11.93 -3.23 0.07
Total T γ on all WSs -25.43 -8.29 3.20
Percentage of passive -58.40 -19.05 7.36
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Straight track with stochastics
SYC ASW DIRW
Front bogie front WS -8.54 -3.30 6.01
Front bogie rear WS -1.83 1.69 -0.32
Rear bogie front WS -11.72 -0.64 -1.86
Rear bogie rear WS -22.10 -0.35 -1.76
Total T γ on all WSs -44.19 -2.60 2.08
Percentage of passive -117.75 -6.93 5.54
Passive SYC ASW DIRW
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Figure 5.45: Trends in T γ using classical and PIP controllers
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5.7 Discussion of results
This section draws the main points of discussion from the graphical results presented in
sections 5.4, 5.5 and 5.6.
SYC
• Both the controllers effectively reduce the difference in the lateral creep forces at the
front and rear wheelsets to zero on all the track profiles considered. The front wheelset
lateral creep force is lower than that of the passive vehicle, however the rear wheelset
lateral creep force is higher. This is expected, in order to equalise the lateral creep
forces on both wheelsets.
• The wheelsets have a larger lateral displacement on the SYC vehicle than the passive
vehicle, with the front wheelset making flange contact at ≈ 6 mm on all the track
simulations. This results in higher or similar longitudinal creep forces to the passive
vehicle.
• The T γ values for the SYC vehicle are nearly double that of the passive in most of the
simulations due to the higher longitudinal creep forces and higher lateral creep force
on the rear wheelsets.
• Although the controllers are effective in satisfying one of the conditions for “ideal
curving" which is to equalise the lateral creep forces, the overall performance is worse
than that of the passive vehicle. This suggests that the SYC configuration does not
provide a good steering mechanism.
ASW
• The longitudinal creep forces are reduced to zero by both the controllers in the steady
states in all the track profiles considered.
• The lateral creep force difference between the front and rear wheelsets are lower
than the passive vehicle. Both wheelsets stay well clear of the flange and the lateral
displacements are significantly lower than the passive vehicle.
• The lower creep forces result in lower T γ values than the passive vehicle on all the
track profiles considered. The % decrease in T γ using a PIP controller ranges from ≈
20% to 40%.
• The overall performance of the ASW vehicle is better than the passive vehicle due to
the reduction in creep forces and wheelset lateral displacements.
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DIRW
• The DIRW configuration works by providing a guidance mechanism to the wheelsets
by controlling their lateral displacement to follow the track. From all the results using
either controller, it can be seen that the wheelset lateral displacement of the DIRW
vehicle is significantly lower than the passive vehicle.
• As a result of the guidance and due to the absence of a solid-axle wheelset, the
longitudinal creep forces are significantly reduced. The lateral creep force difference
between the front and rear wheelsets are also reduced.
• The lower creep forces result in lower T γ values than the passive vehicle on all the
track profiles considered. Using a PIP controller, the % decrease in T γ achieved ranges
from ≈ 10% to 50%.
• The overall performance of the DIRW vehicle is significantly better than the passive
vehicle. It also performs the best compared to the other two steering mechanisms
considered using either controller.
5.8 Conclusions
In this chapter two important comparisons were drawn. Firstly, the active vehicles were
compared to the conventional passive vehicle and to each other. The vehicles are run on four
different track profiles described and analysed in terms of creep forces, T γ values, wheelset
lateral displacement and actuation force/ torque. Secondly, the classical and PIP controllers
designed in the previous chapter are compared on all of the track profiles described.
Amongst the active steering mechanisms under consideration, the DIRW vehicle shows
the best performance with a significant reduction in wear on straight and curved track, using
either controller. In the ASW and SYC vehicles the control action interferes with the natural
behaviour of a solid-axle wheelset which requires a higher actuation power and is also
detrimental to the wheel-rail wear. The DIRW vehicle requires the most radical change in
terms of the mechanical configuration, but promises the best performance.
The controller comparisons show that the PIP controller generally gives a better perfor-
mance than the simpler classical controllers. The reason for this is that it is a state-feedback
controller unlike a PI or PA controller which uses a single feedback signal. So the use of a
more complex control algorithm in this case gives an improvement in performance.
Ideal sensing and actuation is assumed with the idea that further work is needed to
consider the practical implementation of these active steering strategies. Although simple
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calculations based on actuator force and velocity have been done to determine the approximate
actuator power required, a more detailed study needs to be done which takes into account the
actuator dynamics.
In the next chapter, the DIRW vehicle is controlled using a PIP controller on switches
and crossings.
Chapter 6
Track switch modelling and simulations
From the analysis in Chapter 5, it is clear that the Driven Independently-Rotating Wheelset
(DIRW) vehicle shows the best performance compared to the other active steering mecha-
nisms considered on a range of operating conditions and metrics. In this chapter, the DIRW
vehicle is simulated on two conventional track switches to compare its performance to that
of the passive vehicle model. The objective is to firstly establish whether an active vehicle
can generate the guidance forces necessary to travel on an S&C. This has been hypothesised
but not proved yet. Secondly, this chapter also aims to set a benchmark for the performance
improvement that can be expected when applying active steering on conventional S&Cs.
The different switches and crossings under consideration are described in terms of their
geometric layout and their modelling process in Simpack. Although the DIRW vehicle
is used with a PIP controller, the controller gains may need to be re-tuned because of the
absence of track cant on the diverging routes of switches. The vehicle speeds on S&Cs
are restricted by the maximum allowable turnout speed. In reality, gain scheduling method
would likely need to be employed for different operating conditions, as used in aircraft flight
control.
In this chapter, two different S&Cs are under consideration. The results presented here
aim to show the benefits of active vehicles on conventional switches which have been been
designed only for passive solid-axle vehicles. The longer term view is that switches can be
redesigned to further improve the performance.
6.1 Switch modelling
Track switches are manufactured in standard dimensions ranging from tight curves of only
140 m radius to shallow curves with a 3000 m radius. The letters A to H are used in switch
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nomenclature in the UK to denote the radius and the corresponding variations in maximum
permissible speed with A having the lowest turnout radius.
In plain line track in Britain, the rails have a nominal inclination of 1 in 20 towards the
track centre line [89]. S&Cs are permitted to be either vertical or inclined. However, an
inclination is usually present because in the absence of track cant, the wheel-rail contact
geometry is affected such that it increases the stress on the turnout structure [103]. If the
S&C is vertical, the switch type has a ‘V’, for example AV for a vertical A switch. Typically,
switches are manufactured at a shallow depth which is indicated with an ‘S’, for example
AVS. Special bearers of a larger height are used to maintain the same rail height as the rest of
the track.
In this study, two types of track switches are modelled to study the active vehicle at
different maximum allowable speeds. The running rails are inclined by 1:20 in both switch
models. In practice, they could be either shallow or full depth. A C switch is chosen because
it is the most commonly occurring switch, accounting for nearly half of the switch population
on the UK mainline [11]. It is usually located at or near stations due to its relatively tight
radius of ≈245 m on the diverging route. The maximum allowable speed on this switch is
25 mph ≈11 m/s. A high speed H type turnout is chosen to study the behaviour at speeds
of 90 mph ≈40 m/s. This switch has a curve radius of ≈3000 m on the diverging route and
consequently a shallow diverging angle of 1 in 32. This makes the gap at the crossing over 4
m long which necessitates the use of a moveable crossing nose, also known as a swingnose
crossing. Table 6.1 lists some of the main dimensions of each switch. A track gauge of 1432
mm is maintained throughout. On plain track the nominal gauge is 1435 mm, but no special
measures are required when it abuts with the narrower switch gauge as a variation of 3 mm is
within acceptable limits [104]. The curvature variation of the C and H switches is shown in
Figure 6.1.
The stock, switch and check rail profiles used for both switches are CEN56 E1, CEN54
E1A1 and CEN33 C1 respectively. The stock rail and switch rail profile is described in detail
in British Standards [88], [105]. The check rail profile and its relationship with the running
rail is described in the Network Rail Track Design Handbook [104].
In the case of the C switch, the machining of the switch rail at different distances from the
toe is described in detail in the RE/PW/1602 B drawings. The crossing nose profile detail is
given in RE/PW/1769 drawing. For the H switch, the machining of the switch rail is similar
to that of a C switch but spread across a longer planing length. The swingnose geometry
details are given in the Track Switch Handbook [104].
As the rail profiles are constantly changing at switches and crossings, Simpack modelling
of an S&C involves specifying the rail profile at different cross sections along the forward
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Table 6.1: Table listing key C and H turnout details. Note that IP is the intersection point
where the two rails cross just before the crossing gap.
Dimension Switch type
C H
Toe to IP length (mm) 24877 89693
Radius of curvature (mm) 245767 3000716
Divergence angle (1 in -) 9.25 32.365
Gap length (mm) 148 4118
Maximum turnout speed (mph) 25 90
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Figure 6.1: Curvature variation of the diverging routes of C and H switches
running direction of the rail vehicle [106]. Figure 6.2 shows the process used to model an
S&C in Simpack. The cross sections are generated from CAD models of the switches which
are developed from the rail profile geometries described in British Standards and the RE/PW
drawings. MATLAB is used to slice the CAD model to generate the cross-sectional profiles.
The profiles are specified using a Cartesian coordinate system where the origin is at the top
centre of the rail head as shown in Figure 6.3.
The z axis is positive in the downward direction and the y axis is positive towards the
right. The third axis is the s axis along the direction of the track, which is also the forward
running direction of the rail vehicle. The contours are specified in Simpack in the form of
.prr files which specify the y,z coordinates at a particular value of s. Figure 6.4 illustrates
some of these cross-sectional profiles at different points along the C switch.
Simpack performs an interpolation between consecutive cross sections to form a continu-
ous rail. Although this has its advantages, the interpolation can produce undesirable effects
at certain points in the switch model which have sudden drastic changes in profile shape such
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Figure 6.2: Rail wheel profile axes
Figure 6.3: Rail wheel profile axes
as at the nose. Discontinuities are introduced in the switch model by specifying the same
distance or the same ‘s’ value for two different consecutive profiles. This forces Simpack to
not interpolate between successive prr files. Figure 6.4a shows the profile at the switch toe
and 6.4b shows the profile where the contact patch shifts from the stock rail to switch rail.
Figures 6.4c and 6.4d illustrate the profiles at the crossing gap and nose respectively. For a
left-handed switch, these profiles occur on the left rail for the through-route and on the right
rail for the diverging-route. The opposite rail i.e. the right rail in this case, has a stock rail
profile with the check rail appearing at the crossing as shown in Figure 6.5. The check rail
makes flange contact to laterally displace the wheelset so that the vehicle is guided across the
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(a) Switch toe at 3.1 m from start of switch model.
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(b) Change in contact from stock to switch rail at
5.5 m from start of switch model.
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(c) Crossing gap at 28 m from start of switch model.
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(d) Crossing nose at 28.3 m from start of switch
model.
Figure 6.4: Different cross sections in the Simpack C switch model
crossing gap onto the nose. In the absence of the check rail, the wheelset has a tendency to
follow the diverging rail and become derailed.
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(a) First profile of check rail at 21.18 m from start
of switch model.
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(b) Check rail profile at crossing nose at 28.3 m
from start of switch model.
Figure 6.5: Check rail in relation to the stock rail in the Simpack C switch model
The cross-sections of the H switch at the switch blades is exactly the same as that of
the C switch, simply spread across a longer planing length due to the vehicle running speed
being significantly higher. The swingnose crossing ensures a smooth transition at the nose
without any crossing gaps which are a feature of low and moderate speed switches. Figure
6.6 shows the variation in the swingnose profile across a running distance of 1 m.
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(a) Swingnose at 89.063 m from start of switch
model.
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(b) Change in contact from stock to swingnose at
90.063 m from start of switch model.
Figure 6.6: Swingnose profiles in the Simpack H switch model
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6.2 Controller design for switch simulations
The controller designed in Chapter 4, based on the linear model identified at a maximum line
speed of 45 m/s is used on the C and H switch simulations in the next section. However, the C
switch has a relatively tight curve radius on the diverging route and there is no cant on either
of the switch curves. Moreover, steering on the diverging routes is likely to require higher
motor torques than guidance on the through routes. The PIP controller could be re-tuned by
changing the Wy,Wu and Wz weightings to give a higher or lower output motor torque. If the
motor torques are too high, the wheels could be slipping, leading to excessive longitudinal
creep forces, which in turn would increase the wear or T γ values. If the motor torques are
too low, insufficient guidance could cause flange contact, which would again increase wear.
Therefore the controllers need to be tuned to provide sufficient but in-excessive motor torque
for a particular switch scenario.
A higher controller gain matrix is calculated by minimising the PIP cost function with
the weightings Wy = 1×10−3,Wu = 1×10−6 and Wz = 2×106.
k = 1×109 [-0.7 1.2 -0.4 -0.1 0.2 -0.1 0.1 0.0 0.0 0.0 0.0 ...
0.0 0.0 0.0 0.0]
Figure 6.7 shows the uncompensated open loop frequency response, and the response
with the high gain PIP controller, which is labelled as ‘Controller 1’. The uncompensated
open loop response is from the motor torque in kNm to the wheelset lateral displacement
in millimeters. The uncompensated open loop system has a GM of 29.1 dB and a PM of
63.1 degrees. ‘Controller 1’ with the higher gains reduces the gain and phase margins to
24.1 dB and 60.3 degrees. These margins are slightly lower than the those with the controller
designed in Chapter 4 which will be called ‘Controller 2’. The margins are not pushed
excessively so as to keep the control force/ torque required to practically realisable levels
between 5 to 6 kNm.
Both controllers are applied in the next section on the through and diverging routes of
the C and H switches to determine the relative performance variation and with respect to a
conventional passive vehicle. The higher controller gains should give a better performance
on the diverging routes which will require higher motor torques for steering.
6.3 Simulation results
In this section the DIRW vehicle is compared against the passive vehicle on the through
and diverging routes of the C and H switches designed in section 6.1. The wheelset lateral
displacement and the contact patch frictional energy are being used, as before, to analyse the
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Figure 6.7: Nichols plot for PIP controller design.
performance of the vehicles. In addition it is necessary to determine whether the ride quality
is compromised by using the DIRW vehicle on conventional track switches. So the following
indicators are used to assess ride comfort.
• y¨v, lateral acceleration in the middle of the vehicle body floor. The maximum allowable
acceleration is 1 m/s2 to maintain ride quality standards [107].
• PDE , ride comfort index on discrete events. It indicates the percentage of dissatisfied
passengers and is calculated as a continuous time-variant signal. The comfort index is
calculated as
PDE = 100× [a.y¨pp(t)+b.|y¨2s(t)|− c] (6.1)
where |y¨2s(t)| is the absolute mean value of the lateral acceleration of the vehicle
body expressed in m/s2 over a 2 s averaging window and y¨pp(t) is the maximum
corresponding peak to peak lateral acceleration [107]. The constants a,b and c are
0.1662, 0.2701 and 0.37 respectively for standing passengers. Only the PDE for
standing passengers is considered because the comfort quality when standing is worse
than that when seated. A higher PDE indicates poorer passenger comfort. If the PDE
value is negative because c is bigger than the a and b terms combined, the PDE can be
considered to be zero, indicating good ride quality with no dissatisfied passengers.
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6.3.1 C switch through route
Figure 6.8a shows the lateral displacements of the front and rear wheelsets with respect to
the track centre-line on the through route of a C switch using ‘Controller 1’. At the switch
toe, the lateral displacement of the DIRW wheelsets are much lower than that of the passive
vehicle. At the nose, although the initial displacement is similar, the DIRW vehicle guidance
responds quicker than the passive vehicle. This improvement in performance can also be
seen from the average T γ values in Table 6.2 which are reduced to less than a quarter of the
passive vehicle. The main peaks in the T γ responses in Figure 6.8c occur when the rear bogie
wheelsets travel over the switch toe and crossing nose. The car body lateral acceleration is
similar to that of the passive vehicle as shown in Figure 6.8b. The maximum PDE values for
both vehicles are negative which means that there are no dissatisfied passengers which is
indicative of good ride quality. These results indicate that the through route performance of
the DIRW vehicle is significantly better than the passive vehicle.
Using ‘Controller 2’ the average T γ values are worse than using ‘Controller 2’ as shown
in Table 6.2 and very similar to a passive vehicle. This is because of insufficient guidance
which can be clearly seen from the wheelset lateral displacement in Figure 6.9a. The lateral
displacement is higher than that observed using ‘Controller 1’ which has higher gains. The
settling time after the nose is also longer than the passive vehicle. This contributes to the
higher wear as indicated in the table. The spikes in the T γ responses in Figure 6.9c occur
at the transition from stock to switch rail past the toe and at the nose. The vehicle body
lateral acceleration shown in Figure 6.9b is very similar to the passive vehicle. Overall, the
results indicate that the performance is similar to the passive vehicle but worse than using
‘Controller 1’.
Table 6.2: T γ values in J/m on the through route of a C switch. The values under ‘Controller
1’ column are obtained from simulations with higher controller gains than that in ‘Controller
2’ column.
Passive Controller 1 Controller 2
Front bogie front WS 1.2198 0.4725 2.3853
Front bogie rear WS 0.9762 0.4552 1.3445
Rear bogie front WS 1.3267 0.3723 1.7970
Rear bogie rear WS 2.9491 0.1740 1.1718
Total T γ on all WSs 6.4718 1.4740 6.6986
Percentage of passive 22.7757 103.5044
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Figure 6.8: Response of the DIRW vehicle compared to the passive vehicle on the through
route of a C switch using ‘Controller 1’ at v=11 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
6.3 Simulation results 153
0 0.5 1 1.5 2 2.5 3 3.5 4 4.5 5 5.5 6 6.5 7 7.5 8 8.5 9 9.5 10
−4
−3
−2
−1
0
1
2
3
·10−3
Time(s)
L
at
er
al
di
sp
la
ce
m
en
t(
m
)
FWS-DIRW
RWS-DIRW
FWS-psv
RWS-psv
Toe Nose
(a)
0 0.5 1 1.5 2 2.5 3 3.5 4 4.5 5 5.5 6 6.5 7 7.5 8 8.5 9 9.5 10
−0.8
−0.6
−0.4
−0.2
0
0.2
0.4
0.6
Time (s)
V
eh
ic
le
bo
dy
la
te
ra
la
cc
el
er
at
io
n
(m
/s
2 )
psv
DIRWToe Nose
(b)
0 0.5 1 1.5 2 2.5 3 3.5 4 4.5 5 5.5 6 6.5 7 7.5 8 8.5 9 9.5 10
−600
−400
−200
0
200
400
600
800
1,000
Time (s)
T
γ
(J
/m
)
FWS - DIRW
RWS - DIRW
FWS - psv
RWS - psv
NoseToe
(c)
Figure 6.9: Response of the DIRW vehicle compared to the passive vehicle on the through
route of a C switch using ‘Controller 2’ at v=11 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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6.3.2 C switch diverging route
The diverging route has a tight curve radius where both passive and DIRW vehicles make
flange contact to generate enough lateral creep forces to balance the centripetal forces on the
curve. Previous switch simulation studies have shown that the wheelsets of a conventional
vehicle make flange contact when travelling on the divergent routes of moderate and high
speed turnouts [108], [109]. The DIRW vehicle using ‘Controller 1’ gives a very similar
performance to the passive vehicle in terms of lateral displacement as shown in Figure 6.10a.
The wear is reduced by approximately a third of that of the passive vehicle as indicated by
the T γ values in Table 6.3. From the T γ response in Figure 6.10c it can be seen that the
majority of the wear occurs on the curve which is expected from all the lateral creep forces
generated during curve negotiation. The wear on the front wheelset of the passive vehicle is
the highest, which is the case on conventional vehicles at present and this usually sets the
limiting speed on a curve. Although the average wear on the front wheelset of the front bogie
of the DIRW vehicle is marginally higher than the passive vehicle, the maximum T γ value
is lower as the wear is spread across a greater distance. This means that the DIRW vehicle
could allow a higher turnout speed than is currently recommended. The DIRW vehicle body
acceleration is less than that of the passive vehicle at the switch nose, but is otherwise similar
as shown in Figure 6.10b. The maximum PDE values for both vehicles are negative which
means that the percentage of dissatisfied passengers is zero. Overall, on the diverging route,
using ‘Controller 1’, the DIRW vehicle shows a considerable improvement in performance
than the passive vehicle.
Table 6.3: T γ values in J/m on the diverging route of a C switch. The values under ‘Controller
1’ column are obtained from simulations with higher controller gains than that in ‘Controller
2’ column.
Passive Controller 1 Controller 2
Front bogie front WS 22.6880 32.1984 40.6996
Front bogie rear WS 5.1924 1.2658 2.1731
Rear bogie front WS 30.4560 0.1647 3.8114
Rear bogie rear WS 1.7047 8.4680 6.5279
Total T γ on all WSs 60.0411 42.1269 53.2120
Percentage of passive 70.1634 88.6260
Using ‘Controller 2’ with the lower gains, the wheelset lateral displacement takes longer
than the passive vehicle to return to the track centre-line after travelling through the crossing
nose, as shown in Figure 6.11a. This indicates that the guidance torque is not sufficiently
high. As a consequence the vehicle body lateral acceleration is also marginally higher than
using ‘Controller 1’. The T γ values in Table 6.3 and the graphs in Figure 6.11c indicate that
the wear is largely similar to the passive vehicle.
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Figure 6.10: Response of the DIRW vehicle compared to the passive vehicle on the diverging
route of a C switch using ‘Controller 1’ at v=11 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.11: Response of the DIRW vehicle compared to the passive vehicle on the diverging
route of a C switch using ‘Controller 2’ at v=11 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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From the results it can be concluded that the higher gains on ‘Controller 1’, provide the
required motor torques to minimise flange contact and therefore reduce wear indicating an
overall improvement in performance. However using ‘Controller 2’ produces more wear due
to the lower guidance action.
6.3.3 H switch through route
On the through-route of the H switch using ‘Controller 1’, the lateral displacement of the
DIRW vehicle is significantly smaller than that of the passive case as shown in Figure 6.12a.
The vehicle body acceleration is also lower than the passive vehicle as shown in Figure 6.12b.
However the longitudinal creep forces generated are high as shown in Figure 6.12c. This
results in higher average T γ values as listed in Table 6.4. The change in T γ through the
switch is shown in Figure 6.14. From the figure it can be seen that there is a sudden spike
just past the toe at ≈ 1.2 s. This occurs when the wheel-rail contact patch shifts from the
stock to the switch rail. The high wear can be explained by the high longitudinal creep forces
generated due to excessive motor torques.
Table 6.4: T γ values in J/m on the through route of a H switch. The values under ‘Controller
1’ column are obtained from simulations with higher controller gains than that in ‘Controller
2’ column.
Passive Controller 1 Controller 2
Front bogie front WS 0.0285 0.0414 0.0290
Front bogie rear WS 0.0641 0.1550 0.0220
Rear bogie front WS 0.0430 0.0337 0.0297
Rear bogie rear WS 0.0766 0.1497 0.0239
Total T γ on all WSs 0.2122 0.3798 0.1046
Percentage of passive 178.9821 49.2931
Using lower gains with ‘Controller 2’, the wheelset lateral displacement is as shown
in Figure 6.13a. The maximum lateral displacement is still quite small. The car body
lateral acceleration is also smaller than that of the passive vehicle as shown in Figure 6.13b
and smaller than using ‘Controller 1’. The maximum PDE values using either controller
are negative indicating good ride quality. This shows that the controller could be re-tuned
to reduce the creep forces and resultant wear while not having any significantly adverse
effects on the wheelset lateral displacement or the ride quality. The longitudinal creep forces
generated by using the re-tuned controller are lower than with ‘Controller 1’. The average T γ
values are significantly lower than the passive vehicle as listed in the ‘Controller 2’ values in
Table 6.4. Figure 6.15 shows the T γ response of the DIRW vehicle compared to the passive
vehicle.
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Figure 6.12: Response of the DIRW vehicle compared to the passive vehicle on the through
route of a H switch using ‘Controller 1’ at v=40 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.13: Response of the DIRW vehicle compared to the passive vehicle on the through
route of a H switch using ‘Controller 2’ at v=40 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.14: T γ response of the DIRW vehicle compared to the passive vehicle on the
through route of a H switch using ‘Controller 1’ at v=40 m/s. The notations FWS,RWS and
psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.15: Tγ response of the DIRW vehicle compared to the passive vehicle on the
through route of a H switch using ‘Controller 2’ at v=40 m/s. The notations FWS,RWS and
psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
Comparing the overall performance of ‘Controller 1’ with higher gains and ‘Controller
2’ with lower gains on the through route, it can be concluded that the high gains result in
more “slippage" or higher longitudinal creep forces giving larger Tγ values, indicating more
wear. The main difference in the through routes of both C and H switches is the presence
of a crossing gap in the C switch which is absent in the H switch due to the swingnose.
This means that a larger guidance torque is required on the C switch which is the reason a
significant reduction in wear is achieved using ‘Controller 1’. The H switch through route
is essentially similar to a straight track with stochastics. Therefore this track scenario does
not require a large guidance torque and consequently ‘Controller 1’ produces excessive
longitudinal creep forces leading to high wear.
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6.3.4 H switch diverging route
On the diverging-route of the H switch, only the passive vehicle makes flange contact on
the curve radius as shown in Figure 6.16a. These results are from using ‘Controller 1’. The
DIRW vehicle has a much lower lateral displacement at both the toe and the crossing nose
than the passive vehicle. The control action also guides it back to the track centre-line which
is not the case for the passive vehicle which remains displaced by ≈2 mm in the steady state.
The vehicle body acceleration of the DIRW vehicle is lower at the toe and nose as shown in
Figure 6.16b. The DIRW vehicle generates high longitudinal creep forces on the diverging
route as shown in Figure 6.16c in order to generate a steering action. An overall reduction in
the average T γ values is observed due to the minimal flange contact. The average T γ values
are listed under the ‘Controller 1’ column in Table 6.5. Figure 6.18 shows the T γ response of
the DIRW vehicle compared to the passive vehicle using ‘Controller 1’ . From the figure it
can be seen that there is a sudden increase in the T γ value just past the toe where the contact
patch shifts from the stock to the switch rail.
Table 6.5: T γ values in J/m on the diverging route of a H switch. The values under ‘Controller
1’ column are obtained from simulations with higher controller gains than that in ‘Controller
2’ column.
Passive Controller 1 Controller 2
Front bogie front WS 0.8139 1.1833 2.5698
Front bogie rear WS 1.9583 1.12536 2.0834
Rear bogie front WS 0.2296 0.9245 1.9981
Rear bogie rear WS 2.3670 0.6610 0.8610
Total T γ on all WSs 5.3688 2.5228 7.5123
Percentage of passive 72.5320 139.9251
With ‘Controller 2’ which has lower gains, the wheelset lateral displacement is much
higher as shown in Figure 6.17a. This is because the re-tuned controller does not provide suf-
ficient guidance forces to maintain minimal flange contact. The car body lateral acceleration
is similar to that with ‘Controller 1’ as shown in Figure 6.17b. The maximum PDE values
using either controller are negative indicating good ride quality. The longitudinal creep forces
are lower at the nose and on the curve than that in the ‘DIRW 1’ case as shown in Figure
6.17c due to the lower controller gains. However the T γ values are higher as shown by the
values under the ‘Controller 2’ column in Table 6.5 because of the flange contact. These
results show an overall degradation in performance with the re-tuned controller compared
to the previous controller. Figure 6.19 shows the T γ responses of the passive and DIRW
vehicles.
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Figure 6.16: Response of the DIRW vehicle compared to the passive vehicle on the diverging
route of a H switch using the ‘Controller 1’ at v=40 m/s. The notations FWS,RWS and psv
used in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.17: Response of the DIRW vehicle compared to the passive vehicle on the diverging
route of a H switch using ‘Controller 2’ at v=40 m/s. The notations FWS,RWS and psv used
in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.18: Tγ response of the DIRW vehicle compared to the passive vehicle on the di-
verging route of a H switch using ‘Controller 1’ at v=40 m/s. The notations FWS,RWS and
psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
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Figure 6.19: Tγ response of the DIRW vehicle compared to the passive vehicle on the di-
verging route of a H switch using ‘Controller 2’ at v=40 m/s. The notations FWS,RWS and
psv used in the graph labels mean ‘front wheelset’, ‘rear wheelset’ and ‘passive’ respectively.
Comparing the overall performance of ‘Controller 1’ with higher gains and ‘Controller 2’
with lower gains on the diverging route, it can be concluded the former gives the necessary
guidance forces to the wheelsets to maintain minimal flange contact. This in turn results in
lower Tγ values. The longitudinal creep forces with higher controller gains is higher, which
is expected due to the larger steering action.
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This chapter discussed the modelling of a moderate speed C switch and a high speed H switch
in Simpack. The results from running the DIRW vehicle on both switches are presented using
the PIP controller designed in Chapter 4 called ‘Controller 2’ and another PIP controller with
higher gains called ‘Controller 1’. The results show that an actively-guided vehicle with
independently-rotating wheelsets can be used on conventional S&Cs. The following key
observations can be made from the simulation results.
• The active vehicle shows a significant improvement in performance in comparison to a
conventional passive vehicle in the following scenarios - on both routes of the C switch
using ‘Controller 1’, using ‘Controller 2’ on the through route of the H switch and
‘Controller 1’ on the diverging route of the H switch. The improvement is enough to
suggest a large potential benefit even when the practicalities of sensing and actuation
are taken into consideration.
• Both C and H switch diverging routes show an improvement from using higher con-
troller gains because steering necessitates higher motor torques, especially due to the
absence of track cant on switches. Insufficient control action will increase flange
contact and consequently increase wear as observed by using ‘Controller 2’.
• Although guidance on through routes may be perceived to require less torque than on
divergent curves, the presence of a crossing gap necessitates sufficiently high torque.
For this reason, the through route of the C switch shows significantly lesser wear with
‘Controller 1’ than ‘Controller 2’.
• The through route of the H switch, which does not have a crossing gap, shows higher
T γ values using ‘Controller 1’. This is due to high longitudinal creep forces generated
from high motor torques. Through re-tuning the controller, the T γ values have shown
a significant reduction. So gain scheduling would be needed on the through route of
different switches based on vehicle speed and length of the crossing gap.
• From the two switch simulations under consideration in this study, it can be con-
cluded that the controller gains need to be rescheduled for different switches based
on speed-restriction and for different routes. A more detailed analysis comparing the
performance of the active vehicle with a conventional vehicle on different switches, A
through H, is necessary to determine whether the gain scheduling is necessary for all
switches.
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Similar to the previous simulations on straight and curved sections of track in Chapter 5,
ideal sensing and actuation is assumed here in order to establish the performance improve-
ments before more detailed research can be considered on the practical implementation.
The next chapter will draw some important conclusions on the work presented in this
thesis with some suggestions for further work needed to address the gaps in the technology
route-map outlined in Chapter 1.
Chapter 7
Conclusion
This chapter draws conclusions on the key research results presented in this thesis. Some
recommendations for how this research could be used in academia and industry are provided.
Finally future research work in this area is discussed.
7.1 Conclusion on key research results
The contributions of this thesis as discussed in Chapter 1 were to analyse the performance
of MBS models of actively controlled vehicle against a conventional vehicle on different
track profiles and to establish a benchmark performance improvement for active vehicles on
track switches. Although such comparisons have been drawn previously on simpler vehicle
models, this thesis assesses the performance of the actie steering concepts in a non-linear
simulation environment which take into account complex vehicle dynamics and provide a
better representation of a real rail vehicle.
The simulation results on the straight and curved track profiles presented in Chapter 5
show that the SYC vehicle successfully reduces the lateral creep forces but approaches the
wheel flanges leading to significantly higher wear than the passive vehicle on almost all the
track profiles considered. Both the ASW and DIRW vehicles have lower wear, creep forces,
wheelset lateral displacement than the passive vehicle. The DIRW vehicle performs better
than the ASW vehicle and requires lower actuation torque due to the fact that the wheels can
be driven independently. Compared to the classical controllers, the PIP controllers reduce
wear on the curved track profile for the SYC and ASW vehicles. Although the wear is
marginally higher in the DIRW vehicle, it is still lower than the SYC and ASW vehicles. The
PIP controller also reduces the actuation torque required compared to the classical controllers.
Simulation studies in previous literature have used slightly different track profiles, but
the responses achieved are similar indicating that the results presented in this thesis support
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previous research on actively steered vehicles. Previous research on the SYC mechanism [29]
have shown a good balance between the lateral creep forces at the front and rear wheelsets,
which is achieved using the controllers in this study as well. However, steering the bogies
does not affect the angle of attack of the individual wheelsets and is therefore less effective
as a steering mechanism. For the ASW configuration, previous studies [32] have shown a
similar reduction in wheelset lateral displacement on a high speed curve (of radius = 1357
m, cant = 6◦, speed = 230 kmph ≈ 63 m/s) as has been observed in this study (where radius
= 1200 m, cant = 4◦, speed = 45 m/s). In the DIRW vehicle, the simulation results from
a curved track profile (with radius = 300 m, cant = 6◦, speed=25 m/s) using optimal state
feedback control [27] is similar to that achieved in this study on a (radius = 535 m, cant = 4◦,
speed=30 m/s) curve using classical controllers. Minimal flange contact was achieved on
both studies on a track with stochastic disturbances, although the disturbances applied were
different.
For the track switch simulations, the switch types considered in this thesis were chosen
based on the different maximum allowable turnout speeds. At a maximum speed of 25 mph
≈ 11 m/s, the C switch is mostly found at or near stations while the H switch allows a train to
travel at a maximum of 90 mph ≈ 40 m/s. This makes the two switch layouts very different
and the DIRW vehicle was studied on both to demonstrate the performance improvement
compared to a conventional passive vehicle. The novelty of the work presented in this
thesis lies in firstly, proving that active vehicles can negotiate a track switch that has been
optimised only for passive vehicles, and secondly, establishing a benchmark improvement in
performance that can be expected compared to a passive vehicle. On the through route of the
C switch, a 22% reduction in wear was shown while on the diverging route it was 70%. On
the through and diverging routes of the H switch, the percentage reduction in wear achieved
was 50% and 73% respectively.
Although, the improvement on the diverging routes is less substantial, it is important to
remember that the active vehicle allows a trade-off during the running of the vehicle between
the wheel-rail wear and the wheelset lateral displacement. A control torque optimised for a
particular switch scenario could reduce wheel-rail wear and minimise flange contact. This is
a functionality not possible on a passive vehicle. Moreover, track switches account for less
than 0.1% of the rail network length, which means that with the significant improvements
on straight/ curved track profiles and the through-route of track switches, active vehicles
promise a radical shift in the way railways operate. Lower wear would mean that track switch
maintenance costs and the service downtime could be reduced, contributing towards the
vision of a 24/7 railway.
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The results in this thesis show that a significant reduction in wheel and track wear is achievable
on plain track and on switches using the driven independently-rotating wheelset vehicle.
The conceptual benefits of the mechanism are clear from decades of related research from
simulation studies and experimental roller rig testing. Full-scale testing of the mechanism
has been more recent with the first applications on a tram. The issue of the estimation of the
feedback signals can be addressed using kalman filters. In Germany, the DIRW mechanism
is being investigated on a high speed vehicle. The recommendation therefore is for train
operating companies to invest in a prototype for the DIRW vehicle. The use of this modern
rolling stock on existing track infrastructure would enable an analysis of the vertical and
lateral track impact forces. This could then be used to establish the reduction in both wheel
and track wear compared to conventional vehicles.
The recommendation for academia is to investigate whether the controllers are robust
enough to cope with the phase lag introduced due to sensing and estimation when the concept
is implemented in practice. It will also be useful to study different controllers to further
improve the performance of the DIRW vehicle. Cascaded control strategies with different
feedback signals such as yaw velocity or differential wheel speeds could offer a better vehicle
performance and reduce the difficulty of obtaining the required feedback signals.
These steps will develop an intermediary solution in the technology route-map shown in
Figure 1.2. To establish the system level benefits of VBS, it will be necessary to mature the
concept itself. The ultimate objective is to design a self-steering vehicle on a track switch
without any moving components. As this is a conceptual realisation in the lower Technology
Readiness Level (TRL), the development of VBS research will be mainly academic initially.
An overview of how the VBS concept could be developed through further work is presented
in the next section.
7.3 Further work
Developing VBS as a concept requires thinking about the wheel-rail interaction as a single
system, instead of considering the running gear and the track infrastructure as separate
systems. As an initial design, the conventional track switch design could be altered such
that at the switch toe, if the switch rails are not touching the stock rails on either side, the
wheel-rail interface at the nose could be replicated at the toe, therefore introducing a flange
gap. The active mechanism could then be used to provide the additional guidance torque.
This would be possible on a low speed turnout but not on a high speed turnout due to the
170 Conclusion
shallow divergence angle. On a high speed turnout, a feed-forward controller could be used
which calculates the required wheelset lateral displacement from a track geometry database
or an inductive metal detector at the front of the vehicle.
In order to introduce a continuous running rail at switches and crossings, it will be
necessary to investigate the use of retractable flanges or flange-less wheels which would
remove the need for gaps and moveable switch toes at switches and crossings. The vehicle
could be controlled such that they are able to self-steer while the track is purely passive i.e. it
does not have any moving rails or components.
The system-level benefits can be established once the wheel-rail contact geometry has
been optimised for a passive track infrastructure. Then the reduction in wear using VBS
can be analysed and the consequent increase in the lifetime of S&C assets can be predicted.
This would quantify the system benefits in terms of reliability. Cost function algorithms
for railway timetable operation could be used to quantify the systemic benefits possible by
reducing the distance between consecutive trains due to increased switch reliability. The
development of the concept will contribute to an increase in capacity and a decrease in
operating costs, which are two among the four key areas of improvement identified in the
2012 Rail Technical Strategy.
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Appendix A
Vehicle modelling
A.1 Passive vehicle model in Simpack
Figure A.1: Front view of passive vehicle
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Figure A.4: Front view of passive bogie
Table A.1: Simpack vehicle parameters
Car body Value Units
Mass 2e4 kg
Inertia xx 2.9998e4 kg m2
Inertia yy 1.23e6 kg m2
Inertia zz 1.23e6 kg m2
Centre of gravity (0,0,-1.8) m
Dummy bolster Value Units
Mass 1e-6 kg
Inertia xx 1e-6 kg m2
Inertia yy 1e-6 kg m2
Inertia zz 1e-6 kg m2
Centre of gravity (0,0,-1.25) m
Bogie frame Value Units
Mass 2.615e3 kg
Inertia xx 1.722e3 kg m2
Inertia yy 1.476e3 kg m2
Inertia zz 3.076e3 kg m2
Centre of gravity (0,0,-0.6) m
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Radius arm Value Units
Mass 1.6e2 kg
Inertia xx 1.469 kg m2
Inertia xz -1.38 kg m2
Inertia yy 8.85 kg m2
Inertia zz 7.758 kg m2
Centre of gravity (-0.185,0,-0.037) m
Axle-box Value Units
Longitudinal stiffness 1.22e7 N/m
Lateral stiffness 6e6 N/m
Vertical stiffness 1.2e7 N/m
Roll stiffness 1.5e3 Nm/rad
Pitch stiffness 2e3 Nm/rad
Yaw stiffness 1.5e3 Nm/rad
Longitudinal damping 1e4 Ns/m
Lateral damping 1e4 Ns/m
Vertical damping 3e3 Ns/m
Roll damping 5e1 Nms/rad
Pitch damping 5e1 Nms/rad
Yaw damping 6e1 Nms/rad
Primary spring Value Units
longitudinal parallel stiffness 3.14e7 N/m
lateral parallel stiffness 6.5e5 N/m
vertical parallel stiffness 1.22e6 N/m
longitudinal series stiffness 6e7 N/m
lateral series stiffness 7.5e6 N/m
spring length 0.42 m
Primary damper Value Units
longitudinal series damping 1.5e5 Ns/m
lateral series damping 2e3 Ns/m
longitudinal parallel damping 1.22e6 Ns/m
lateral parallel damping 6e5 Ns/m
vertical parallel damping 6e5 Ns/m
Secondary spring Value Units
longitudinal stiffness 1.6e5 N/m
lateral stiffness 1.6e5 N/m
vertical stiffness 4.3e5 N/m
roll stiffness 1.05e4 Nm/rad
pitch stiffness 1.05e4 Nm/rad
yaw stiffness 3.75e5 N/m
spring length 0.6 m
Secondary damper Value Units
lateral stiffness 1e6 N/m
vertical stiffness 6e6 N/m
vertical damping 2.5e4 Ns/m
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Traction rod Value Units
stiffness 5e6 N/m
damping 2.5e4 Ns/m
length 1.12 m
Wheelset Value Units
Mass 1.2e3 kg
Inertia xx 7e2 kg m2
Inertia yy 7.4e1 kg m2
Inertia zz 7e2 kg m2
Axle length 2 m
Axle diameter 0.18 m
Wheel radius 0.46 m
Young’s modulus 2.1e11 N/m2
Poisson number 2.8e-1
Contact damping 1e5 Ns/m
Friction coefficient 4e-1
Note: The centre of gravity of the bodies are defined with respect to their individual body
reference markers. The reference marker of the car body is shown in Figure A.2 using the red
axis marker. The reference markers for the bogie frames are displaced only along the x-axis
by ±8.5m. The reference markers for the corresponding dummy bolsters for each bogie are
displaced only along the z-axis wrt the relevant bogie by -1.25 m. The reference marker of
the right radius arm of the front wheelset of the front bogie is at (x,y,z)=(0.78,1,-0.56) m wrt
the front bogie reference marker. Likewise that of the left radius arm of the same wheelset
will be at (x,y,z)=(-0.78,1,-0.56) m.
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A.2 Active vehicle models in Simpack
Figure A.5: Front view of SYC bogie
Figure A.6: Side view of SYC bogie
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Figure A.7: Plan view of ASW bogie
Figure A.8: Side view of ASW bogie
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Figure A.9: DIRW wheelset
Note: The active element in each vehicle is defined as a force element of type 93
“Force/Torque by u(t) Cmp". This allows the user to use co-simulation to give a force/ torque
input from MATLAB/ Simulink along all 6 degrees of freedom.
A.3 Transfer functions of models at different speeds
Table A.2: Transfer function of the linear ASW model at different vehicle speeds.
Speed Transfer function
20 m/s G(z) =
0.02526z−2−0.3298z−3+0.314z−4
1−1.641z−1+1.116z−2−0.702z−3+0.2623z−4
30 m/s G(z) =
0.3867z−2−0.9845z−3+0.6369z−4
1−1.185z−1+0.3823z−2−0.2997z−3+0.1612z−4
40 m/s G(z) =
0.883z−2−1.828z−3+1.033z−4
1−0.5528z−1−0.6355z−2+0.3876z−3−0.08809z−4
50 m/s G(z) =
0.5692z−2−1.255z−3+0.7784z−4
1−0.8667z−1−0.1333z−2+0.09351z−3+0.0277z−4
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Table A.3: Transfer function of the linear SYC model at different vehicle speeds.
Speed Transfer function
20 m/s
G(z) =
0.06761z−1+0.04395z−2−0.06236z−3−0.04243z−4−0.0586z−5
1−1.48z−1+0.5353z−2−0.2717z−3−0.2206z−4+0.3963z−5 ...
−0.02212z−6+0.02642z−7+0.01313z−8+0.0345z−9
0.04838z−6+0.04596z−7+0.04107z−8−0.05118z−9−0.03964z−10
30 m/s
G(z) =
0.05599z−1+0.03411z−2−0.03973z−3−0.06815z−4+0.002734z−5
1−1.727z−1+0.7577z−2−0.1889z−3+0.07996z−4−0.1246z−5 ...
−0.0459z−6+0.02674z−7−0.01117z−8+0.04526z−9
0.3676z−6−0.06859z−7−0.1576z−8+0.09917z−9−0.03168z−10
40 m/s
G(z) =
0.05489z−1+0.03234z−2−0.02534z−3−0.07787z−4−0.002995z−5
1−1.659z−1+0.6422z−2−0.2205z−3+0.1221z−4+0.1209z−5 ...
−0.04667z−6+0.02038z−7+0.0006235z−8+0.04438z−9
0.09053z−6+0.07729z−7−0.2364z−8+0.02423z−9+0.05026z−10
50 m/s
G(z) =
0.03481z−1+0.05066z−2−0.02144z−3−0.07489z−4−0.02298z−5
1−1.722z−1+0.5744z−2+0.06177z−3+0.06428z−4+0.05274z−5 ...
−0.009337z−6−0.0152z−7+0.04586z−8+0.01276z−9
0.1485z−6−0.1827z−7+0.007843z−8−0.06279z−9+0.0761z−10
188 Vehicle modelling
Table A.4: Transfer function of the linear DIRW model at different vehicle speeds.
Speed Transfer function
20 m/s
G(z) =
−4.505e−10z−1−6.529e−10z−2+4.034e−10z−3+3.198e−10z−4
1−2.423z−1+1.989z−2−0.7965z−3+0.2782z−4+0.001532z−5 ...
+2.465e−10z−5
−0.04945z−6
30 m/s
G(z) =
−5.804e−10z−1−9.722e−10z−2+2.725e−10z−3+5.43e−10z−4
1−2.255z−1+1.539z−2−0.4366z−3+0.1845z−4+0.06947z−5 ...
+5.685e−10z−5
−0.1011z−6
40 m/s
G(z) =
−5.973e−10z−1−1.096e−09z−2+1.095e−10z−3+4.703e−10z−4
1−2.271z−1+1.591z−2−0.6248z−3+0.473z−4−0.07631z−5 ...
+9.854e−10z−5
−0.09201z−6
50 m/s
G(z) =
−3.715e−10z−1−1.375e−09z−2+1.795e−10z−3+5.075e−10z−4
1−2.328z−1+1.651z−2−0.5989z−3+0.5002z−4−0.163z−5 ...
+9.509e−10z−5
0.06089z−6
Appendix B
Supplementary graphs from Chapter 5
simulations
The graphs in this appendix have several notations in the labels which are defined as follows.
FWS Front wheelset
RWS Rear wheelset
psv Passive
SYC Secondary Yaw Control
ASW Actuated Solid-axle Wheelset
DIRW Driven Independently-Rotating Wheelset
190 Supplementary graphs from Chapter 5 simulations
B
.1
R
ea
r
bo
gi
e
gr
ap
hs
0
2
4
6
8
10
12
14
−1
.5−1−0
.500.
51
1.
52
2.
5
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−2−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−8−6−4−2024
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.1
:L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
SY
C
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
th
e
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
53
5
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
30
m
/s
.
0
2
4
6
8
10
12
14
−1−0
.500.
51
1.
52
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−7−6−5−4−3−2−1012
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.2
:L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
SY
C
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
12
00
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
45
m
/s
.
B.1 Rear bogie graphs 191
1
2
3
4
5
6
7
8
9
−0
.500.
51
1.
52
2.
5
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
1
2
3
4
5
6
7
8
9
−2−10123
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
1
2
3
4
5
6
7
8
9
−8−6−4−2024
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.3
:L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
SY
C
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
12
00
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
45
m
/s
,w
ith
la
te
ra
l,
ve
rt
ic
al
an
d
ga
ug
e
w
id
th
st
oc
ha
st
ic
s.
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
DifferenceinlateralcreepforcesofF
WS
andR
WS
(N)
ps
v
SY
C
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−3−2
.5−2−1
.5−1−0
.500.
51
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−2−101234567
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-S
Y
C
R
W
S
-S
Y
C
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.4
:L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
SY
C
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
st
ra
ig
ht
tr
ac
k
w
ith
la
te
ra
l,
ve
rt
ic
al
an
d
ga
ug
e
w
id
th
st
oc
ha
st
ic
s.
192 Supplementary graphs from Chapter 5 simulations
0
2
4
6
8
10
12
14
−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−2−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−8−6−4−2024
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.5
:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
A
SW
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
53
5
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
30
m
/s
.
B.1 Rear bogie graphs 193
0
2
4
6
8
10
12
14
−1−0
.500.
51
1.
52
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−1
.5−1−0
.500.
51
1.
52
2.
5
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−6−5−4−3−2−1012
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.6
:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
A
SW
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
12
00
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
45
m
/s
.
194 Supplementary graphs from Chapter 5 simulations
1
2
3
4
5
6
7
8
9
−0
.500.
51
1.
52
2.
5
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
1
2
3
4
5
6
7
8
9
−2−101234
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
1
2
3
4
5
6
7
8
9
−8−6−4−2024
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.7
:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
A
SW
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
12
00
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
45
m
/s
,w
ith
la
te
ra
l,
ve
rt
ic
al
an
d
ga
ug
e
w
id
th
st
oc
ha
st
ic
s.
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−2−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
DifferenceinlateralcreepforcesofF
WS
andR
WS
(N)
ps
v
A
SW
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−3−2
.5−2−1
.5−1−0
.500.
51
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−6−4−202468
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-A
SW
R
W
S
-A
SW
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.8
:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
A
SW
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
st
ra
ig
ht
tr
ac
k
w
ith
la
te
ra
l,
ve
rt
ic
al
an
d
ga
ug
e
w
id
th
st
oc
ha
st
ic
s.
B.1 Rear bogie graphs 195
0
2
4
6
8
10
12
14
−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−2−1
.5−1−0
.500.
51
1.
52
2.
53
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−8−6−4−20246
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.9
:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
D
IR
W
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
th
e
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
53
5
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
30
m
/s
.
0
2
4
6
8
10
12
14
−1−0
.500.
51
1.
52
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−2−1
.5−1−0
.500.
51
1.
52
2.
5
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
0
2
4
6
8
10
12
14
−6−4−20246
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.1
0:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
D
IR
W
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
th
e
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
12
00
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
45
m
/s
.
196 Supplementary graphs from Chapter 5 simulations
1
2
3
4
5
6
7
8
9
−0
.500.
51
1.
52
2.
5
·10
4
Ti
m
e(
s)
Lateralcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
1
2
3
4
5
6
7
8
9
−2−101234
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
1
2
3
4
5
6
7
8
9
−8−6−4−20246
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.1
1:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
D
IR
W
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
th
e
cu
rv
ed
tr
ac
k
w
ith
ra
di
us
=
12
00
m
,c
an
t=
4◦
an
d
ve
hi
cl
e
sp
ee
d
=
45
m
/s
,w
ith
la
te
ra
l,
ve
rt
ic
al
an
d
ga
ug
e
w
id
th
st
oc
ha
st
ic
s.
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−6−5−4−3−2−101234
·10
4
Ti
m
e(
s)
DifferenceinlateralcreepforcesofF
WS
andR
WS
(N)
ps
v
D
IR
W
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−5−4−3−2−101234
·10
4
Ti
m
e(
s)
Longitudinalcreepforce(N)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
3
3.
5
4
4.
5
5
5.
5
6
6.
5
7
7.
5
8
−6−4−202468
·10
−3
Ti
m
e(
s)
Lateraldisplacement(m)
F W
S
-D
IR
W
R
W
S
-D
IR
W
F W
S
-p
sv
R
W
S
-p
sv
Fi
gu
re
B
.1
2:
L
at
er
al
cr
ee
p
fo
rc
e,
lo
ng
itu
di
na
lc
re
ep
fo
rc
e
an
d
la
te
ra
ld
is
pl
ac
em
en
tr
es
po
ns
e
of
th
e
D
IR
W
ve
hi
cl
e
co
m
pa
re
d
to
th
e
pa
ss
iv
e
ve
hi
cl
e
on
st
ra
ig
ht
tr
ac
k
w
ith
la
te
ra
l,
ve
rt
ic
al
an
d
ga
ug
e
w
id
th
st
oc
ha
st
ic
s.
B.2 Tγ graphs 197
B.2 Tγ graphs
(a) Front bogie (b) Rear bogie
Figure B.13: Tγ on curved track with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s
(a) Front bogie (b) Rear bogie
Figure B.14: Tγ on curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s
(a) Front bogie (b) Rear bogie
Figure B.15: Tγ on curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s,
with lateral, vertical and gauge width stochastics
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(a) Front bogie (b) Rear bogie
Figure B.16: Tγ on straight track with lateral, vertical and gauge width stochastics
(a) Front bogie (b) Rear bogie
Figure B.17: Tγ on curved track with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s
(a) Front bogie (b) Rear bogie
Figure B.18: Tγ on curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s
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(a) Front bogie (b) Rear bogie
Figure B.19: Tγ on curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s,
with lateral, vertical and gauge width stochastics
(a) Front bogie (b) Rear bogie
Figure B.20: Tγ on straight track with lateral, vertical and gauge width stochastics
(a) Front bogie (b) Rear bogie
Figure B.21: Tγ on curved track with radius = 535 m, cant = 4◦ and vehicle speed = 30 m/s
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(a) Front bogie (b) Rear bogie
Figure B.22: Tγ on curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s
(a) Front bogie (b) Rear bogie
Figure B.23: Tγ on curved track with radius = 1200 m, cant = 4◦ and vehicle speed = 45 m/s,
with lateral, vertical and gauge width stochastics
(a) Front bogie (b) Rear bogie
Figure B.24: Tγ on straight track with lateral, vertical and gauge width stochastics
